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Abstract

The present work aims at the development and characterization a custom air-cooled condenser to be
implemented on a thermosyphon cooling system based on pool boiling and condensation of a dielectric
fluid - HFE-7000. This gravity-assisted cooler is designed to be applied on a commercially available
desktop CPU, to be capable of dissipating heat loads up to 250W. A numerical simulation was performed
to define the design of the condenser and also to perform a parametric sensible study. The air-side heat
transfer performance was evaluated based on the Colburn factor (j) and the Fanning friction factor
(f) was determined to analyze the pressure drops. An experimental study was also performed on
a benchmark test facility, examining the condenser effectiveness and its effect on the overall cooling
system thermal resistance.

A multi-louvered fin heat exchanger with core’s size of 110x120x22mm, which was the outcome of
the numerical study, was manufactured and tested in the experimental study. The condenser was char-
acterized both in reflux and circulation, under steady-state and transient regimes. In this experimental
characterization of the condenser, other parameters such as the tilt angle, effect of micro-structuring the
surface on the evaporator and the effect of surface orientation were also addressed to evaluate their
impact in the overall performance of the cooling system, incorporating the designed new condenser.

Based on this analysis, the final thermosyphon system devised here with condenser in circulation

achieved better results, R = 0.275K/W with ¢ = 200W for horizontal surface orientation.
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Resumo

Este trabalho tem como objetivo desenvolver e caracterizar um condensador personalizado arrefecido
a ar para ser implementado num sistema de arrefecimento em termossifao baseado na ebulicao e
condensacgao de um fluido dielétrico - HFE-7000. Este cooler é projetado para ser aplicado num CPU
de secretaria capaz de dissipar até 250W. Foi realizada uma simulagdo numérica para definir as di-
mensoes do condensador e também para efetuar um estudo paramétrico na geometria da alheta. O
calor transferido para o ar foi analisado com base no factor de Colburn (j) e o factor de Fanning (f)
foi utilizado para analizar as perdas de carga. Um estudo experimental foi realizado numa instalagao
de ensaio para analisar a aplicabilidade, avaliando a efectividade do condensador e o seu efeito na
resisténcia térmica do sistema de arrefecimento.

Um permutador de calor com multi-alhetas em grelha e com miolo de dimensao 110x120x22mm,
que foi o resultado da simulagao numérica, foi fabricado e testado experimentalmente. O condensador
foi caracterizado em refluxo e circulagao, em regime estacionario e transiente. Nesta actividade ex-
perimental outros parametros como a inclinagdo do condensador, o efeito de microestrururagdo da
superficie do evaporador e o efeito da orientacdo da superficie também foram estudados de modo a
avaliar o seu impacto no desempenho do sistema de arrefecimento, incorporando o novo condensador
projetado.

Baseado nesta analise, o sistema final em termossifao com o condensador em circulagio apresenta

melhores resultados, R = 0.275K/W para ¢ = 200W com a superficie na horizontal.

Palavras Chave

Alhetas em grelha, Condensagao, Arrefecimento de termossifao, Circuito fechado em termossifao.
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1. Introduction

1.1 Context and Motivation

Gordon Moore foresaw that the number of transistors in an Internal Circuit (IC) would approximately
double every two years - Moores’ Law [1]. Half-century later, Moore’s prediction held true with excep-
tional accuracy, in such way that became one of the driving principles of semiconductors industry. Along
the years, the increasing number of transistors per chip has been followed by a significant size reduction
in the chips and encapsulations, looking for higher processor’s performance. Dennard [2] observed that
voltage and current should be proportional to the linear dimensions of a transistor. Thus, as the size
of the transistors shrunk, the voltage was reduced, circuits could operate at higher frequencies at the
same power - Dennard scaling [2]. This was truth until the breakdown around 2006, when thermal and
material limitations had been found, due to the small size of the transistors (lower than 65nm), causing
a considerable increasing of thermal power dissipation.

The continued scaling of IC technology together with the resultant ever-increasing power density and
operating temperature poses significant challenges to engineers worldwide. The junction temperature
has significant impacts on microelectronic performance and should be maintained within an acceptable
range, typically lower than 80°C. This is vital since transistors speed is slower at higher temperatures,
due to the degradation of carrier mobility. Furthermore, elevated operating temperatures greatly increase
the leakage power as IC designs move into the deep submicron regime [3]. The interconnect metal re-
sistivity is also dependent on temperature (e.g., the resistivity of copper increases by 39% from 20°C to
120°C). Higher resistivity causes longer interconnect delay and consequent performance degradation.
Last, but not least, reliability of the die and the package is strongly related to temperature: the tempera-
ture exponentially decreases the mean time to failure, hence the life time is also decreased in the same
proportion. So, high operating temperatures have significant negative impacts on the performance,
power consumption and reliability of the microprocessors [4].

In summary, the junction temperature has become a major concern for high performance micropro-
cessors as more devices are integrated on a chip. In order to solve the Thermal Power Management is-
sue and keep with the improvement of microprocessors’ performance, effective cooling technique should
be developed to dissipate a large amount of heat from small areas. The present, widely used cooling
techniques are not efficient enough. Therefore, adequate cooling is a key to maintaining the CPU work-
ing properly and, hence, achieving high performance reliability.

In this context, for higher dissipation heat fluxes, cooling with nucleate boiling is promising, as it

removes dissipated heat within a wide range of fluxes and at relatively small surface temperature super-



heat. This technology benefits from the phase change latent heat of vaporization, being addressed as
two-phase cooling technology. The thermosyphon is a simple and sustainable system that does not re-
quire pumping power. As shown in the literature review, that is presented in the next chapter, a relatively
large number of studies have focused on the design of alternative electronics cooling techniques, many
of them addressing pool boiling heat transfer. However, most of them has focused on the evaporator and
on several strategies to enhance pool boiling heat transfer. However, little work has been performed yet
on the condensation, despite its crucial role in the performance of the whole cooling system [5]. In this
context, the main core of the present work is to improve the condenser design and performance, as this

is the component of the cooling system with highest thermal resistance of unit area R".

1.2 Objective and Contribution

In line with the context, the present work aims at developing and testing an air-cooled custom made
condenser to be implemented in a closed two-phase thermosyphon. This cooler is devised to work on a
commercially available desktop CPU and should be able to dissipate heats loads up to 250W.

The devised condenser must cope with the geometrical restrictions to fit in the limited size of a
desktop. Manufacturing costs should also be considered.

To cope with this objective, the condenser was firstly designed and a numerical study was performed
to establish the main dimensions and geometry of the condenser and evaluate the range of the most
relevant parameters that should be used to assure the best cooling performance for a condenser as
compact as possible.

The designed condenser was manufactured and evaluated based on an experimental work which
addressed the performance of the condenser in terms of the dissipated heat and heat transfer coeffi-
cients, as well as of the flow characteristics (e.g. pressure drop). The overall cooling performance of the
entire system was also evaluated, mostly based on the dissipated heat flux and on the resulting heat

transfer coefficients, to address the effective impact of the devised condenser.

1.3 Organization

This document is organized in seven main chapters, including the present Introduction, which pro-
vides the context, motivation and objective of the work. Chapter 2 revises the relevant work, reported in
the literature, on alternative CPU technologies and more specifically on the strategies used to enhance
the performance of thermosyphon cooling systems applied to electronics cooling. Chapter 3 introduces
the theoretical background required to understand the work performed in dimensioning, designing and

testing the condensers for the thermosyphon cooling system. Chapter 4 describes the analysis per-



formed to design the condenser, optimizing the relevant influencing parameters. The designed con-
denser was manufactured and then experimentally tested in a thermosyphon cooling system. Hence,
chapter 5 describes the experimental facility and procedures used to test the devised condenser, in-
cluding the acquisition systems, instrumentation and respective uncertainties. The experimental results
focusing on evaluating the performance of the devised condenser and of the overall thermosyphon cool-
ing system are presented in discussed in chapter 6. Finally, main conclusions are addressed in chapter
7, which also proposes future work topics.






2. Sate of Art

2.1 CPU Cooling Technologies

Conventionally, air cooling-heat sink was employed widely for thermal management of electronic due
to its simplicity, high reliability and low cost of the required equipment [6]. However, the current high heat
densities demanded nowadays surpassed already the maximum heat loads which can be dissipated by
forced convection air-cooled heat sinks. Under this scenario, the attention of industry and academia
has shifted to alternative cooling technologies, namely liquid cooling and two-phase cooling. Note that
the main advantage of the two-phase cooling technology is the ability to benefit from the latent heat of

vaporization, thus absorbing large quantities of heat during the phase change.

Liquid based cooling of electronics is an obvious choice due to their superior thermophysical prop-
erties compared with air. Microchannel in single phase is an extremely efficient in removing heat from
a compact space. However, this technique generally requires a high pumping power to sustain the
pressure drops associated with driving the single-phase flow.

Several two-phase new technologies have been proposed, such as microchannel cooling [7, 8], jet
impingement [9] and spray cooling [10]. These techniques are able to absorb large heat fluxes and
consequently are pointed out as extremely promising and efficient, but complexity and cost of imple-
mentation could be prohibitive for an application such as CPU cooling. Mudawar [11] discussed the
ability, advantages and disadvantages of different electronic cooling technologies. The disadvantage of
the jet impingement technique is the large temperature gradients within the cooled devices due to the
concentration of heat removal within the impingement zone. Furthermore during vigorous boiling there
is a risk of separation of the liquid layer from the impingement zone.

The disadvantages of spray cooling are the complicated flow feature with spray nozzles, the possibil-
ity of clogging of the nozzles and the lot of power that is consumed in pressurizing the fluid. The need for
careful periodic testing of nozzles and higher temperature difference compared to nucleate boiling are
other disadvantages of spray cooling. Thus, this cooling scheme has strong implementation limitations
in terms of size, weight, and power and requires pumping auxiliaries, not being suitable to embed in the
near junction [12].

Under this scenario, pool boiling is not in fact considered as the mechanism delivering the highest
heat transfer coefficients, but due to its feasibility and ease of implementation, it has been considered

one of the most potential solutions in the field of electronics cooling [13].

Heat pipes, which work based on the phase change of a working fluid inside the pipes, are very



promising means of cooling electronic devices due to their extremely high effective thermal conductivity
and very low effective thermal resistance. At present, this is one of the most viable means of cooling high
heat fluxes. There are many commercial cooling applications of heat pipes and their ability to remove
high heat loads has attracted tremendous interest from the electronic industries, namely in Central
Processing Units (CPUs). Very recently, Chen et al. [14] reported a comprehensive review on design,
fabrication and performance analysis of small heat pipes for electronics cooling. They also showed the
potential of such small heat pipes in cooling small electronic devices and systems. The most fascinating
feature of heat pipes is that they don’'t have any moving parts and thus they are highly reliable with
minimum maintenance. Heat pipes also include no external energy or power consumption, are a noise
free cooling technique, present increased longevity hence low operation and overall cost, very good
application flexibility (due to simple and robust design and construction), small size and weight (suitable
for modern electronic devices), work in any orientation, and sealed enclosure cooling thus no adverse
effect to environment or the electronic devices.

Two-phase thermosyphon technology also rely on evaporation and condensation processes. The
difference between the heat pipe and this cooling technique is that the liquid is returned from the con-
denser to the evaporator by gravity forces and not by a wick structure exerting a capillary action on the
liquid phase. With no wick, a thermosyphon can be designed with less thermal resistances at reduced
manufacturing cost and time, taking the form of Closed Two-Phase Thermosyphon (CTPT) or Closed
Loop Two-Phase Thermosyphon (CLTPT). Two-phase thermosyphon solutions are an easy and safe
choice, even when compared to heat pipes, due to its simplicity in terms of hardware and of the working
principles, with reduced worries regarding pressure drops and pipes clogging, under the complex flow
situations associated with convective heat transfer of two-phase flows.

In summary, the technologies already implemented in the market are mainly forced air convection (fin
fan cooling), heat pipes and forced liquid convection (liquid cooling). All the others are still been studied
and enhanced in research works. Spray cooling, micro-channels and jet are extremely promising and
efficient in terms of heat removal, but complexity and cost of implementation could be prohibitive for an
application such as CPU cooling. Despite of various challenges, the two-phase closed thermosyphon

seem in this context to be the next candidate to effectively being employed as a CPU cooling solution.

2.2 Closed Two-Phase Termoshyphon Research

The two-phase closed thermosyphon cooling is a gravity-assisted system composed by an evapo-
rator, a condenser and connecting pipes. In the evaporator the microprocessor heat is absorbed into
the system due to the nucleate boiling mechanism, while at the condenser the heat is dissipated to the

ambient due to the condensation of the working fluid. A fan promotes the air force heat transfer convec-



tion in the condenser. The high heat loads which can be dissipated at low superheat temperatures, may
lead to high heat transfer rates of condensation and boiling. The vapour generated at the evaporator
during pool rises due to buoyancy heading to the condenser. The condensate, in turn, returns into the
evaporator due to a favorable gravitational head.

Though this technology has been widely studied in the past for several high power dissipation appli-
cations, only recently attention was given to the application of this technique to microelectronics cooling.
Hence, in the context of CPU cooling, fewer studies were conducted [15, 16] although its applicability has
been proven effective and reliable. Beyond that, the existent two-phase thermosyphons studies are only
focused on the evaporator and boiling heat transfer as well as on the overall system efficiency, having
no work done evaluating the condensation and the condenser impact.

The heat transfer mechanisms occurring in a thermosyphon are significantly affected by the geom-
etry, the inclination angle, the vapour temperature, operating pressure, the filling ratio and the thermo-
physical properties of the working fluid [17]. Among those, the filling ratio which is defined as the volume
ratio of the charged liquid to the whole thermosyphon has an important effect on the thermal perfor-
mance of the device. In most of the cases, the input working fluid is overfilled so that the liquid pool
remains during the thermosyphon operation. However, excessive liquid charge is not appropriate. On
the opposite, when there is not sufficient amount of working fluid to assure a stable operation of the
device for a given heat input - underfilled case may lead to burnout [18]. The most significant criterion to

evaluate thermosyphon performance is the thermal resistance [19].

Condenser 7 Condenser
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Figure 2.1: Schematic representation of (a) traditional thermosyphon (CTPT) and (b) loop thermosyphon (CLTPT).

As aforementioned, a two-phase thermosyphon may be designed as a single pipe CTPT or as a loop

CLTPT, as shown in figure 2.1. In the first case, the liquid and vapour flow in opposite directions, also



known as reflux. Under high heat fluxes, the interaction between these counter-current liquid and vapour
flow and the viscous shear forces occurring at the liquid/vapour interface may inhibit the return of liquid
to the evaporator (entrainment effect [20]). This results in a decrease in the amount of liquid returning
to the evaporator and its eventual, while the liquid droplets are held in the condenser which becomes
flooded [21,22]. If the evaporator section is not wet by returning fluid, the wall temperature significantly
increases and the thermosyphon and/or the CPU may be permanently damaged. Furthermore, this two-
phase flow in reflux mode introduces significant pressure fluctuations [23, 24] which vary the saturation
temperature and trigger temperature fluctuations. These instabilities may cause problems in maintaining
steady and safe operating conditions at phase-change heat transfer devices.

These operating limits are overcome in a closed CLTPT, where the liquid and vapour flows are
separated and the flow is unidirectional. So, a conventional CLTPT is composed of an evaporator, a
condenser and two connecting tubes - a rising (two-phase mixture from evaporator to the condenser)
and a falling tube (condensed liquid back into de evaporator). The performance of a CLTPT with unidi-
rectional coolant circulation by separating vapour and liquid flows, which is more geometrically flexible
for transferring heat over a long distance, is generally improved from a CTPT. In a CLTPT, the phase
change processes take place at different temperatures in the evaporator and condenser. The saturation
pressure in the evaporator is generally higher than that in the condenser counterpart. This differential
saturation pressure assists to drive the coolant circulation in a CLTPT. To ensure the required circulation
rate to fulfill the cooling duty at the prescribed source-to-sink temperature difference for a CLTPT, the
net driving pressure head is required to counteract the friction and form drags as well as the pressure
drops attributed from flow acceleration/deceleration, bends, contractions and enlargements through the
flow pathway. Note that the saturation temperature varies with pressure, which in turn affects the tem-
perature potential for heat transfer. The heat transfer performance of the system is interdependent with
its pressure drop.

Since the counter-current flow limitation seems to be a performance limitation at high heat fluxes,
the use of thermosyphon loops with extended condenser surfaces has been suggested. In this study
two arrangements are considered, namely the CLTPT with a single-pass condenser in circulation mode,
where the flow direction is unidirectional and the CTPT with counter-current flow, using the condenser

in reflux mode.

2.3 Thermosyphon Enhancement

In order to improve the system efficiency and reduce the size, it has become important to develop
methods to enhance the heat transfer processes occurring at the thermosyphon. The following para-

graphs swiftly review some passive methods reported in the literature to enhance the heat transfer



processes in the evaporator and in the condenser.

Strategies to Enhance Pool Boiling Heat Transfer - Evaporator

The strategies to enhance the pool boiling heat transfer can mainly be categorized in two major
groups: (1) modifying the fluid properties and/or operating conditions (e.g. saturation pressure and
subcooling) and (2) modifying the heating surface. The geometry and arrangement of the setup have
also been scarcely studied, although most of the studies focus mainly on the effect of surface orientation
(horizontal vs vertical and tilted surfaces), which naturally affects the positioning of the thermosyphon.

Modification of the fluid properties (e.g. using nanoparticles) is a complex an extensive approach,
which is out of the scope of the current work. Concerning the modification of the working conditions,
a few studies focused on water as working fluid and usually a sub-atmospheric boiling pressure is at-
tained, to keep the heat surface temperature as low as possible. It's known that the boiling heat transfer
processes are lessened as the governing pressure decreases, because at low pressure values both the
bubble departure time and radius increase substantially [25], deteriorating the heat transfer coefficient.

Surface modification consists in altering the surface wettability by changing its topography and/or
chemistry to enhance pool boiling heat transfer. Numerous studies have been performed in this con-
text, using a wide diversity of patterns and techniques to alter the surface wettability. Extensive reviews
on these studies can be found, for instance in Kim et al. [26] or more recently in Malavasi et al. [27].
In line with previous work, which evidenced good results in enhancing pool boiling heat transfer in a
systematic way, using regular patterns of surfaces with microcavities (e.g. [28—30]), the present work
addresses the use of surfaces microstructured with cavities. Decreasing the cavities distance, increases
the fluid/surface contact area and also increases the number of cavities, which are more likely to act
as nucleation sites, thus promoting the heterogeneous nucleation process. However, it would be ex-
tremely simplistic to consider that these two parameters linearly affect the heat transfer coefficients. In
fact, Moita et al. [31] and Teodori et al. [32] observed that changing the spacing between cavities influ-
ences the interaction mechanisms, which in turn affects boiling heat transfer. Despite this is not the main
goal within this work, several microstructured surfaces were tested, featuring inter-cavity distances rang-

ing from 100 to 600 m to check on the consistency of the previous findings reported by [28] and by [33].

Several authors investigated the effect of surface orientation in pool boiling heat transfer (Heat Trans-
fer Coefficient (HTC) and Critical Heat Flux (CHF)) establishing correlations for different fluids and work-
ing conditions. The definition of increase orientation angle in the pool boiling means that the surface
is being moved from facing upwards to facing downwards, where 0° is the horizontal upward and 90°
vertical surface (tested orientations in this study). Nishikawa et al [34] studied experimentally water pool

boiling on a copper plate and concluded that the HTC increases with the increase of orientation angle



in relatively low heat flux regions (¢” < 7x10*W), while there is no marked effect in the high heat flux
region (¢” > 17x10*W). Nishikawa et al [34] attributed this trend to the decreased population density
of nucleation sites on the heating surface and increased bubble diameters.

More recently, the effect of surface orientation on nucleate boiling was investigated with dielectric
liquids, similar to the one used in this project. El-Genk and Bostanci [35], Priarone [36] and El-Genk
and Parker [37] showed that the HTC increased markedly with the orientation angle (defined as in the
previous paragraph), in accordance to the trends observed by Nishikawa et al. [34] in saturated water.
When analysing the saturated pool boiling of HFE-7100 on a smooth copper surface, EI-Genk and
Bostanci [35] found that increasing the angle until # < 90°, HTC decreases for AT, > 20K, while it
increases for AT, < 20K. Nucleate boiling heat flux decreased with increased 6, due to the increase
in vapour accumulation near the surface, but increased with increased 6 at low surface superheats
(AT. < 20K) due to the increase in mixing by rising bubbles in the boundary layer, whose residence
time increases with increased inclination. The surface superheat at CHF also decreased with increasing
0. These results are consistent with those obtained by Rini et al [38] with dielectric and non-dielectric

liquids.

Strategies to Enhance Condensation - Condenser

Heat transfer enhancement produced using a surface modification enhancement is one of the most
effective passive enhancement techniques which can be utilized to improve the condensation processes
occurring in a heat exchanger. Within this scope, extended surfaces or fins are employed in heat ex-
changers for effectively improving the overall heat transfer performance. In the case of in tube conden-
sation there are two possibilities to enhance a heat exchanger: (1) enhancing the external surface and

(2) enhancing the internal surface.

The external enhancement is especially imperative for air-cooled heat exchangers, since the dom-
inant thermal resistance is usually on the air-side. In this context, Kays and London [39] reported the
first reliable study on louvered fins and concluded that these arrays are very cost-effective. Louvers
interrupt the airflow and create a series of thin boundary layers which have lower thermal resistance.
Furthermore, the louvered structures promotes the air circulation between different fins promoting the
heat transfer. The most important design parameters affecting the heat transfer and pressure drop in
multi-louvered fins are the louver angle, the louver pitch, the fin pitch, the flow depth and the louver
height. The most important drawback of louvered fins is associated to high pressure losses, when com-
pared to the plain fin. However this pressure losses can be decreased by flattened tubes, with long axis
parallel to the external fluid flow direction. In this work, a numerical simulation was performed taking into

account the air-side external enhancement, so more information in this context is presented in chapter 4.
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Due to the external air-side enhancements, significant additional advantages can be obtained by
increasing the condensing-side, heat transfer coefficient. In some cases, the tubes are internally finned.
Such procedure enhances heat transfer by providing a wider contact surface, while it also strengthens
the tube to withstand internal pressure. Such arrangement also increases the vapour-side pressure drop
for a given flow rate. This internal micro-fin enhancement is accomplished by disturbing the boundary
layer, producing secondary flow, and increasing fluid turbulence [40].

Jung et al. [41] performed experiments condensing different refrigeration fluids (R22, R134a, R407C
and R410A) inside plain and micro-fin tubes (0.2mm fin height) and found that the heat transfer coeffi-
cients of a micro-fin tube were 2-3 times higher than those of plain tubes.

Li et al. [42] carried out an experimental work to compare the condensation heat transfer character-
istics of R22 and R410A in smooth and micro-fin tubes (0.15-0.17mm fin height). Their results indicated
that the heat transfer coefficients of the micro-fin tube are approximately 1.65-2.55 times the HTC found
in smooth tubes, while the pressure drop is more than 30% higher than that in smooth tubes.

Guo et al. [43] performed an experimental investigation to evaluate convective condensation and
evaporation (R22, R32 and R410A) inside a smooth tube, a herringbone tube and the newly developed
enhanced surface tube (dimple structure) at low mass fluxes. For condensation, unlike that observed in
evaporation, the herringbone tube have the best performance with the heat transfer coefficient 2.0-3.0

times larger than the smooth tube.

Inclination Effect in Co-Current Flow

It is important to note that, along this work independently of the condenser’s flow, the definition of
increase orientation angle in condensation means that the condenser is being moved from an downward
to upward flow, where 0° corresponds to the horizontal. So, a negative angle value corresponds to
downward flow and a positive angle to upward flow.

Few studies are available for two-phase flows inside inclined tubes. A review of tilting effects on
the flow patterns, heat transfer and pressure drop during condensation inside smooth tubes has been
presented by Lips and Meyer [44—46]. Lips and Meyer [44—46] report an experimental study of convec-
tive condensation of R134a in an 8.38mm inner diameter smooth smooth tube at inclined orientations.
These authors presented flow patterns and heat transfer coefficients during condensation for different
mass fluxes and vapour qualities for the whole range of inclination angles (from vertical downwards to
vertical upwards). Lips and Meyer [44—46] also report that for low mass fluxes and/or low vapour qual-
ities, the flow pattern was strongly dependent on the inclination angle, whereas it remained annular for
high mass fluxes and high vapour qualities regardless of the tube inclination. They also concluded that

the condensation heat transfer enhancement also depends on saturation temperature, being the incli-
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nation effect more pronounced at higher saturation temperature values. Their experimental results also
showed that -30° is the optimum inclination angle that leads to the highest heat transfer coefficient for
downward flow. More recently, these same conclusions were verified by Meyer and Ewim [47] and Abadi
et al. [48].

In the work of Del Col et al. [49], the authors investigated the effect of inclination during condensation
of R134a and R32 in a minichannel with 1.23mm inner hydraulic diameter and square cross section.
Considering the heat transfer coefficient measured in horizontal channel as the reference case, they
concluded that the channel inclination has negligible effect on condensation in downflow configurations
at high mass velocity while in upflow configuration such effect is minor for the whole range of mass
velocities. On the other hand, whatever the fluid, they found that the effect of the channel inclination on
the condensation heat transfer coefficient becomes noteworthy in downflow, at low vapour qualities and
mass velocities lower than a critical value, which was G' = 150kg/m?2.s for R134a and G = 200kg/m?.s
for R32. In these working conditions, the inclination generally penalizes the condensation process and
may cause a strong decrease of the heat transfer coefficient, up to 48% compared to that obtained in

horizontal.

Inclination Effect in Counter-Current Flow

The effects of the inclination angle on reflux condensation heat transfer and flooding of R134a were
investigated by Fiedler and Auracher [50]. These authors used a plain test tube with an inner diameter
of 7mm and a length of 500mm as an idealized single sub-channel of a compact heat exchanger. They
found that the inclination of the channel has a significant enhancing effect on heat transfer, an outcome
related to the increase in the thin film regions around the perimeter. The optimum inclination angle for
maximum heat transfer was found to be approximately 40° from the horizontal. At this inclination angle,
the heat transfer was increased by a factor of almost 2 in comparison to reflux condensation in the
vertical configuration.

Klahm et al. [51] investigated the heat transfer during reflux condensation of R134a inside a rectan-
gular channel with a hydraulic diameter of 7 mm. Their experimental results were compared with the
results previously reported by Fiedler and Auracher [50] for a circular test section with an inner diameter
of 7mm. The rectangular channel used by Klahm et al. [51] reached a maximum heat transfer occurred
at inclination angles between 30° and 60° to the horizontal. The heat transfer rate was almost 30%
better than in the vertical case. They also found that heat transfer in a rectangular channel is about 50%

better than in a circular tube with the same hydraulic diameter and inclination angle.
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3. Theoretical Background

This chapter is aimed at providing theoretical insight into the concepts which were required for the
design, development and discussion of the cooling system performance. This section is organized in
two main topics. The first, addressed in revised in sub-chapter 3.1 revises the pool boiling heat transfer
phenomena, occurring in the evaporator. The following sub-chapters address the theoretical background
required to understand the heat transfer at the compact heat exchanger used as condenser. Thus, the
theoretical background on condensation inside tubes, basic heat transfer and heat exchanger design

are essential topics to be addressed here, as introduced in sub-chapters 3.2, 3.3 and 3.4 respectively.

3.1 Fundamentals of Pool Boiling Heat Transfer

Boiling occurs when the temperature of the surface, T, exceeds the saturation temperature T, cor-
responding to the liquid pressure. The heat transferred from the solid surface to the liquid is expressed

by the equation 3.1, well known as Newton’s law of cooling.
q" = hTy — Tsar) (3.1)

The boiling process is characterized by the formation of vapour bubbles, which grow and subsequently
detach from the surface. Vapour bubble growth and dynamics depend, in a complicated manner of dif-
ferent parameters, such as the excess temperature and thermophysical properties of the fluid. Besides
that, the nature of the surface (i.e. surface topography and chemistry), the surface configuration and
orientation (the main effects taken into account in this study) also affect the dynamics of vapour bubble

formation and therefore strongly influence the HTC.

3.1.1 Boiling Curve

The boiling curves are a graphical representation of the variation of heat flux with respect to surface
superheat, AT,, defined by the difference between the surface temperature and the saturation tempera-
ture of the working fluid. Various boiling regimes can be identified within this curve, corresponding to dif-
ferent boiling characteristics, which in turn lead to a different heat flux evolution with AT,. Nukiyama [52]
was the first to identify different regimes of pool boiling, namely the single-phase natural convection,
nucleate pool boiling, transition boiling and film boiling as illustrated in figure 3.1.

Single-phase natural convection heat transfer occurs when low heat flux is applied and is charac-
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Figure 3.1: Typical boiling curve for water at 1 atm adapted from [53].

terized by low HTC variation. As the excess temperature is increased, bubble inception will eventually
occur, but below the Onset of Nucleate Boiling (ONB), for AT, < AT 4, the fluid motion is determined

principally by free convection effects.

As wall superheat increases, the flow will then evolve to a fully developed nucleate boiling regime. In
this range, two different flow regimes may be distinguished as displayed in boiling curve by A-B and B-C
regions. In region A-B, isolated bubbles form at nucleation sites and separate from the surface. This
separation induces considerable fluid mixing near the surface, substantially increasing HTC and heat
flux, ¢”. In this regime most of the heat exchange occurs through direct transfer from the surface to liquid
in motion on the surface and not through the vapour bubbles rising from the surface. As AT, is increased,
more nucleation sites become active and increased bubble formation causes bubble interference and
coalescence. In the region B—C, the vapour escapes as jets or columns, which subsequently merge into
slugs of the vapour. This trend inhibits the motion of liquid near the surface causing a decrease of the
HTC. For this reason there is an inflection turn, point P represented in figure 3.1, which corresponds
to the maximum HTC achieved. At this point HTC begins to decrease with increasing AT,, although
the product of h and AT, continues to increase. At point C the maximum heat flux is achieved since
considerable vapour is being formed, precluding the liquid to continuously wet the surface. This point is
called CHF, being in the context of this cooling system a critical design point that establishes the limiting
working conditions. In this work, the evaporator is projected to operate in the nucleate boiling regime.

Continuously increasing AT, the transition boiling occurs, being characterized by beginning of
vapour blanket’s formation above the surface. This effect causes a HTC major reduction due to lower
vapour’s thermal conductivity and consequently a wall superheat steep increase. At point D of the boil-
ing curve, referred to as the Leidenfrost point, the heat flux is minimum and the surface is completely
covered by a vapour blanket. Lastly, film boiling is initiated with the establishment of a vapour insulating

layer over the surface, so that evaporation occurs at the liquid-vapour interface.

14



3.2 Condensation Inside Tubes

A condenser heat exchanger incorporates the thermosyphon cooling where vapour formed within the
boiling process arises and undergoes a phase change returning to the liquid phase, closing the ther-
modynamic loop. This section broaches the theoretical background required to predict the convective
condensation heat transfer coefficient, which in turn is needed to properly address the design of the
condenser. In this work, flat tubes (rectangular shape with round corners), classified as minichannels,
are used in the condensation with very low mass velocities (G <10kg/m?.s). The main topics cov-
ered in this sub-section are flow channel classification, flow patterns and heat transfer during convective

condensation.

3.2.1 Flow Channel Classification

Hydraulic and heat transfer processes are affected differently depending on the relative importance
of the governing forces, depending on the scale that is being considered. Hence, classification schemes
that identify a channel as macro, mini, or micro should be considered merely as guidelines. Quite a few
classifications of channels’ dimension have been proposed. A widely used one and recommended for
boiling and condensing flows it was defined by Kandlikar and Grande [54] according to the minimum

channel dimension, as presented next:

Conventional Channels: D > 3mm
Minichannels: 3mm > D > 0.2mm

Microchannels: 0.2mm > D > 0.01lmm

According to Mehendail et al. [55], heat exchangers with hydraulic diameters greater than 6mm are
conventional or macro, Ilmm < D, < 6mm are compact, 0.lmm < D, < lmm are meso, and
6pum < Dj < Imm are micro type. This classification has been widely accepted by the scientific com-
munity. For example, Kim and Mudawar [56] included tubes up to 6 mm diameter when validating their
correlation for mini-channels. Cheng and Wu [57] adopted a different criteria, based on dimensionless
Bond number, that includes the gravity and surface tension effects: Microchannel, if Bo < 0.5 (negligible
effect of gravity), Minichannel, if 0.5 < Bo < 3.0 (both gravity and surface tension have significant effect),

Macrochannel, if Bo > 3.0 (surface tension has negligible effect).

In this study, the condensation occurs in a compact heat exchanger with several flat tubes of D =
3mm, D; ~ 5mm and Bo = 2.45. Accordingly to previous classifications schemes, it was possible to

classify this case study as using parallel minichannels.
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3.2.2 Flow Regimes in Condensation

Studies of heat transfer condensation inside minichannels have received in the recent years an in-
creasing attention and an increased number of research laboratories have focusing on this research
topic within the last years. However, very few studies were performed at similar operating conditions,

mainly due to the difficulty in performing accurate measurements under such low flow speed conditions.

Round Tubes

Fundamentally, the two factors controlling the two-phase flow in round tubes are gravity and vapour
shear. At low velocities gravity dominates and the condensate forms primarily on the top portion of the
tube and flows downward into a liquid pool which is driven out axially partially by the vapour flow and
partly by a gravitational head. In terms of void fraction, the flow regimes can be divided into high void and
low void fractions. The first category includes five flow regimes: stratified flow, wavy flow, wavy-annular
flow, annular flow and annular-mist flow. The second category includes slug, plug and bubbly flow. The
five flow regimes in the first category are arranged such that each successive flow regime corresponds

to an increasing in the vapour velocity. The three flow regimes in the second category are arranged

(a)

Vapor Annular

— ST o o
I

Slug | Plug | Bubbly I Liguid

(b)

Vapor Annular I Wavy Stratified

Figure 3.2: Two-phase flow patterns in horizontal tubes: (a) condensation with high liquid loading, (b) condensation
with low liquid loading.

such that the transition from one flow regime to the next corresponds to a decrease in void fraction. At
very low vapour velocities, the gravity controlled stratified flow regime is observed and the liquid-vapour
interface remains smooth [58]. An illustration of these two-phase flow patterns in horizontal tubes is
shown in figure 3.2.

Analogous to predicting the transition from laminar to turbulent flow in single-phase flow, numerous
flow pattern maps have been developed for predicting two-phase flow regime transitions. Thome and El
Hajal [59], El Hajal et al. [60] and Suliman et al. [61] developed flow pattern maps for condensation in
horizontal tubes, following the original pattern map built by Kattan et al. [62] for flow boiling evaporation

inside horizontal tube.
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Figure 3.3: Cavallini two-phase flow regime maps adapted from [63].

Cavallini et al. [63] proposed a model for halogenated refrigerants inside smooth tubes, dependent
of Martinelli parameter X;; and dimensionless gas velocity, the so-called modified Froude number J;.
These parameters are defined in equation 3.2.

1 —
J;‘ = G and Xtt — ( ‘T)OAQ(&)Oﬁ(ﬂ)O.l (32)
Pg(ps — Pg)gDn z P g

Figure 3.3 illustrates the various regimes and their transitions, like to X;; < 1.6 the two-phase flows is

annular for J; > 2.5 and turns wavy stratified for J; < 2.5.

Coleman and Garimella [64] investigated the effect of tube diameter and shape on flow patterns
and flow regime transitions for air-water mixture flow in tubes with small hydraulic diameters from 1.3
to 5.5mm. They showed that while pipe diameter and surface tension may have a negligible effect on
flow regime transitions in tubes with diameters larger than 10mm, for smaller tubes these factors play an
important role. Therefore, flow regime maps such as those mentioned previously based upon data from
larger tubes may not be applicable for a smaller tube diameter range. They showed that as the tube
diameter decreases, the transition to a dispersed flow regime occurs at a higher value of the superficial
liquid velocity. Also, the transition to annular flow occurs at a nearly constant value of the superficial gas
velocity, which approaches a limiting value as the tube diameter decreases. Another effect of surface
tension and tube diameter is to suppress the stratified regime in small diameter tubes and to increase
the size of the intermittent regime. Thus, this study showed that the flow patterns and the respective

transitions change significantly with tube diameter, as shown in figure 3.4.

In the present study, applying equations 3.2, the Martinelli parameter is X;; = 0.085 and the max-
imum predicted gas velocity is J; = 0.1, so the regime appears to be between stratified flow - wavy

stratified flow. The same regime is obtained by applying the Coleman and Garimella [64] flow map,
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Figure 3.4: Coleman and Garimella flow regime map for round tubes adapted from [64].

since the vapour and liquid velocity are very low.

Non Circular Tubes

Little research has performed on regime maps for small hydraulic diameter rectangular tubes. For
these tube geometries additional complexity arises due to the effect of aspect ratio on the specific flow
regimes and transitions between them. In rectangular tubes, the effects of surface tension are expected
to be more important as the liquid is more readily pulled up into the corners of the tube and held against
gravity, leading to a thinner liquid film at flat sides and, therefore, to a lower thermal resistance.

Coleman and Garimella [64] also investigated the effects of surface tension in small diameter tubes.
A rectangular tube of hydraulic diameter 5.36mm with an aspect ratio of 0.725 was chosen and the re-
sults were compared with those previously reported [64] for the 5.50mm round tube. The main difference
between the rectangular and round tube flow patterns is in the transition to the dispersed flow regime,
which occurs at a higher value of v, for the rectangular tubes. It can also be seen that in the rectangular
tube, the transition to the annular regime (wavy-annular and annular flow) occurs at a nearly constant
value of ug. Both the round and rectangular geometries show stratified flows. However, the stratified
flow regime occurs at a lower gas velocity in the rectangular tube as illustrated in figure 3.5.

As the hydraulic diameter decreases, the effects of surface tension increasingly counteract the effects
of gravity, promoting and extending the size of the annular film flow pattern region instead of the more
stratified wavy flow regime. Thus, as D;, decreases, the wavy flow regime is increasingly replaced by
the annular flow regime, and is non-existent in the D;, = 1Tmm tube.

Bortolin et al. [65] studied the condensation of R134a in a single horizontal minichannel with circular
and square cross section. In fact, at high mass flux, the interfacial shear stress effects are more impor-

tant than those of surface tension and gravity, so the HTC in circular and square minichannels are shown
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Figure 3.5: Coleman and Garimella flow regime map for rectangular tube (D;, =5.36mm and « =0.725) [64].

to be approximately the same. On the other hand, at low mass flux, the interfacial shear stress effect
is less important and the liquid flow is expected to be laminar. In this case, the surface tension and the
gravity forces play an important role to drive the liquid film and to control the heat transfer condensation
inside the minichanel. The gravity is responsible for the liquid film thickness increase at the bottom of the
circular minichannel, while in the square, the surface tension forces can be more important than gravity

pulling the liquid toward the corners

Toninelli et al. [66] stressed the importance of the three forces affecting the liquid film distribution:
shear, gravity and surface tension. Toninelli et al. [66] concluded that at low value of mass flux (G <
200kg/m?.s), surface tension can play an important role as microscale effects are observed. In par-
ticular, for vapour quality « > 0.5, both numerical simulations and experimental results show a clear
enhancement of the heat transfer coefficient in the square channel with respect to the circular one.
Such enhancement is due to the surface tension force that, in the square channel, pulls the liquid to-
wards the corners leading to a low film thickness on the flat sides of the channel. Del Col et al. [67]
studied the presence of smooth corners in a square cross section (minichannel). They concluded that
for mass flux equal or lower than 200kg/m?.s it increases the HTC, but does not have a significant effect

at higher mass flux.

3.2.3 Condensation Heat Transfer Coefficient

Chato [58, 68] developed a detailed analytical model of the heat transfer for gravity-driven conden-
sation. [58, 68] neglected heat transfer in the liquid pool at the bottom of the tube and hypothesized that

the bulk of the heat transfer was occurring in the film on the upper portion of the tube wall. Following
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this, Chato [58, 68] proposed the modified Nusselt falling film condensation model:

pl(pl - pg)gh/qulg]l/4

hy = 0.728K,] DTy — T

(3.3)

/fg = hfg + 0-690p,l(Tsat — Tw) (34)

Equation 3.3 is identical to the relation obtained from the classic Nusselt condensation model for the
evaluation of the mean heat transfer coefficient for laminar condensation on the surface of a horizontal
tube of diameter D, except that the multiplying prefactor has been changed. [58,68] assumed for K. in
3.3 the value of 0.76 (K. constant depends of refrigerant), where p; and p, are the liquid and vapour
densities, g the gravity acceleration, k; the thermal conductivity of the fluid, yu; is the fluid dynamic
viscosity, Ts,; and T, are the saturation and wall temperatures. Following Chato’s formulation, the
modified latent heat 1’ is calculated by equation 3.4, where K, is the latent heat of vaporization and

¢p.1 the liquid heat capacity.

Dalkilic et al. [69] showed that, at low mass fluxes the equation presented by Carey [53] leads to the

best results. This is very similar to that of Chato’s with:

K.=« (3.5)

(3.6)

where « is the void fraction term for determining the depth of the liquid pool and z is the vapour quality.
Carey [53] proposed using Zivi’s [70] void fraction correlation 3.6. The above mentioned correlation
evaluate the average heat transfer coefficient during gravity driven, neglecting heat transfer in the liquid

pool.

The following correlations of Singh et al. [71] and Dobson and Chato [72] take into account the
circumferential variation of the heat transfer coefficient. Singh et al. [71] proposed a correlation for
stratified wavy flow pattern:

heond = Ohpottom + (2 — 0) hiop (3.7)

where 6 was the angle in radian, subtended from top of the tube to the liquid level and was approximated
by:
0 = 2cos™*(2a — 1) (3.8)

The heat transfer coefficient of the bottom film was evaluated as:

0.2332
Pyottom = h1(1 + m) (3.9)
t
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where h; was the heat transfer coefficient for the liquid portion of the flow evaluated with Gnielinski’s [73]

equation for Re; > 2300 and evaluated with a modified Dittus-Boelter equation 3.10 for Re; < 2300.
Nuconvection = 02339R6?5PT?33 (31 0)

The heat transfer coefficient in the top of the tube was evaluated with Chato’s correlation with a K. value
of 0.0925.

Dobson and Chato [72] improved Chato’s correlation, equation 3.3, by including a stratified-wavy
model. The heat transfer coefficient was given in the form:

0
hcond = htop + (]- - ;)hbotttom (31 1)

where 0 was geometrically related to the void fraction by the following formula if the area occupied by
the condensate film was neglected:

o=

0 sin(20)
7r

- (3.12)

The heat transfer coefficient for the top, h..,, was evaluated from Chato’s correlation, replacing the K.

value by:
’ 0.23Rel:12

T 0.728(1 + L.1X5%)

K. (3.13)

weher Re,, is the vapour only Reynolds number. The heat transfer coefficient for the bottom was ex-

pressed as:
_ k1 0.8 p,.0.4 : _ Ch
Rbottom = 0.0195~ Re"*Pri4¢r with ¢ = | [1.376 + — (3.14)
tt
C1=4.172+5.48Fr; — 1.564Frl2 and Cy = 1.773 — 0.169F'r; if0 < Fr; <« 0.17 (3.15)
Cy =7.242 and Cy = 1.655 if Fr; > 0.17 '

Several stratified and annular flow condensation correlations were established, which are suitable for
different flow regimes or based on flow patterns [74—76]. Most of them have relatively complex forms,
wide range application and good prediction accuracy. Some of the correlations discussed before and
other relevant are detailed in tables 3.1 and 3.2, for gravity driven flows and stratified/annular flows (both

gravity and surface tension are relevant) respectively.

Table 3.1: Heat transfer coefficient correlations for gravity driven flow inside horizontal round tubes.

Author Dy, [mm] Fluid(s) Range

Chato [58] 14.53-27.94  Air-Water, R-113 Regy < 35000

Carey [53] 125 Steam 12.6 < G' < 145kg/m?2.s
Singh et al. [71] 11 R134a 20 < G < 500kg/m?.s

Dobson and Chato [72]  3.14-7.04 R-12, R-22, R-134a, R32/R125 25 < G < 800kg/m?.s
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Table 3.2: Heat transfer coefficient correlations for stratified and annular flows inside horizontal tubes. C: circular;
R: rectangular.

References Geometry  Dp[mm]  Fluid(s) range

Wang et al. [74] R 1.46 R-134a 75 < G < 750kg/m?.s
Thome et al. [75] C 3.1-21.4 15 refrigerants 24 < G < 1022kg/m?.s
Cavallinietal. [76] C >3 HCFCs, HFCs, HCs, CO2, NH4, H20 50 < G < 800kg/m?.s

3.3 Basic Heat Transfer Concepts

Some of the basic concepts required to understand heat transfer characteristics of heat exchanger

surfaces are described in the following sub-section.

3.3.1 Basic Definitions

The fluid mean axial velocity is defined as the integrated average axial velocity with respect to the

free-flow area A,, where w is the local velocity distribution across the flow cross section:

Uy = Aio/udA (3.16)

The peripheral mean wall temperature, and the fluid bulk temperature at an arbitrary duct cross section

are defined as:

T = %/des (3.17)
= o / uTdA (3.18)

Where P is the duct perimeter and s is the spatial coordinate at a point on the duct wall along the inside
perimeter. For a duct with uniform curvature, such as a circular tube, T, = T, ,,. However, for a noncir-
cular tube, T, may not be uniform, but instead it will be dependent on the boundary condition. The fluid
bulk temperature T, in equation 3.18 is an enthalpy average over the flow cross section for constant
pcp . However, if one idealizes uniform flow in a cross section with « = u,,, the T;,, in equation 3.18 is
the integrated average value over the cross section. The fluid bulk temperature is also referred to as the

mixed mean fluid temperature or flow average temperature.

The convection heat flux can be simplified by introducing a concept of the heat transfer coefficient as

a proportionality factor in Newton’s law of cooling:

1 h(Tw - Tm) (3198)
{ MTy — Too) (3.19b)

Where the first relation is used for internal flow or heat exchangers, while the second equation 3.19b for
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external flow. In the convection heat transfer process using 3.19a, only the wall temperature and fluid
bulk temperature are involved for the determination of convective heat flux.

The case of study in the present work, plate fin heat exchanger with multi-louvered fin, addresses
a confined flow where the boundary layers could interact depending on several variables such as the
air-flow Reynolds number and other louver fin geometric parameters. For this reason, along this work,
the air-flow was considered an internal flow. Combining Fourier’'s law and 3.19a, the heat transfer rate

per unit surface area can be represented either as conduction or convection heat flux as follows:

oT
"= _f— =h(Ty, — T, 3.20
q o ( ) (3.20)

Consequently, the heat transfer coefficient is given by:

_or

0y y=0
= —" .21
h Tw - Trn (3 )

Where the heat transfer coefficient is, indeed, dependent on the temperature gradient at the wall. This

equation 3.21 was used to calculate the heat transfer coefficient on the air-side of the heat exchanger.

Basic Concepts on Heat Transfer and Flow Friction

Usually the dimensionless heat transfer and pressure drop characteristics of a compact heat ex-
changer are obtained and presented in terms of Colburn j factor and Fanning f factor in function of
Reynolds number, Re.

In this work, a numerical simulation of the heat transfer and pressure drop of compact heat exchang-
ers with louvered fins and flat tubes was conducted. The value of Reynolds number based on louver

pitch is calculated from:
pucLy,

ReL =

P

(3.22)

where L, is louver pitch, u, critical air velocity at the minimum free flow area A, p is the air density and
1 the air dynamic viscosity. The air-side heat transfer characteristics is presented in terms of Colburn |
factor and can be calculated as follows:

Nu

. _ 2/3

This factor is a modified Stanton number taking into account the moderate variations in the Prandil
number. The Santon number is the ratio of convected heat transfer to the enthalpy rate change of the
fluid reaching the wall temperature.

The pressure drop equation by Kays and London [39] is used to calculate the heat exchanger core
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Fanning friction factor as follows:
_ 2Ap A

1= e,

(3.24)

Where Ap is the pressure drop and Ay, A, are frontal air-side surface area and minimum free flow
cross area respectively. The numerical simulation considered the absence of friction losses, so the core
entrance and exit losses were neglected in the fanning friction factor calculation, simplifying the original
expression defined by Kays and London [39].

The results were also evaluated using the volume goodness factor j/f'/3 [77], adopted to evaluate

the overall thermal-hydraulic performance and the enhanced heat transfer effect of the louver region fins.

3.4 Thermal Design Theory for Recuperators

3.4.1 Thermal Circuit

In heat exchanger analysis, the analog electric is very useful to calculate the thermal resistances

defined as the ratio of a driving potential to the corresponding heat transfer rate R = AT/q.

R 1, P71, Reor, Ry o7, R

Figure 3.6: Thermal circuit for a heat exchanger.

The overall thermal resistance of the heat exchanger is considered as having three components in
series: (1) cold side thermal resistance R., including the extended surface efficiency; (2) wall thermal
resistance R,,; and (3) hot thermal resistance Ry, including the extended surface efficiency. No fouling
or scale resistance is considered on either side, so the corresponding resistance is not included in the
calculations in spite of be represented in figure 3.6. The wall thermal resistance is constant and the

condensation heat transfer coefficients should be known a priori in order to calculate the overall thermal

resistance. .
dRyor = dRy, + AR + dRy + dRT + dR, (3.25)
1 1 A
- o+ ————— 2
UdA ~ (pohdd), M Gonda), (3:26)

1 A, Agdy 1

ﬁo - Azhz Awkw * no,aha (327)

Here the subscripts a and i denote the tube air-side and inside respectively. The term 7, , in equation

3.27 is extended surface efficiency of the air-side surface and is related to the fin efficiency of the
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extended surface as follows:

tanh(ml) = ng = Fa 5, (3.28)

Ay .
oo =1——(1—n¢), with =
Mo, (1—ny) ur -y 5

Ao

For many plate-fin surfaces, the relation for the straight fin with constant conduction cross section may
be used to a good approximation. In that case, where m = [%/(1 + F%)]% and [ is the fin length from

the root to the center of the fin.

3.4.2 Effectiveness-Number of Transfer Units Method

In the e-NTU method, the heat transfer rate from the hot fluid to the cold fluid in the exchanger is
expressed as
q= €Cmin (Th,i - Tc,i) = eCmin Al max (329)

where ¢ is the heat exchanger effectiveness, sometimes referred to in the literature as the thermal
efficiency, Cy,ir, is the minimum of C, and C;; AT e, = Th,i— 1%, is the fluid inlet temperature difference.
The heat exchanger effectiveness is nondimensional and it can be shown that in general it is dependent
on the number of transfer units NTU, the heat capacity rate ratio C*, and the flow arrangement for any
heat exchanger:

e =¢(NTU,C*, flow arrangement) (3.30)

The three dimensionless groups, ¢, C*, and NTU are defined below.

Effectiveness ¢

Effectiveness ¢ is a measure of thermal performance of a heat exchanger. It is defined for a given
heat exchanger of any flow arrangement as a ratio of the actual heat transfer rate from the hot fluid to

the cold fluid to the maximum possible heat transfer rate ¢,,... thermodynamically permitted:

e=14 (3.31)

Qmax

An overall energy balance for the two fluid streams give the next equation 3.32, where h is the fluid
specific enthalpy.
q= mhdhh = mcdhc (332)

If occurs phase change, enthalpy differences should be replaced by enthalpies of phase change. How-
ever, ¢, can be assumed as infinity for condensing or evaporating single-component fluid streams.
Hence, the phase changing stream can be treated as a "single-phase” fluid having e, = oo or AT =0

for isothermal evaporating or condensing (as this case of study). The ¢4, could be determined by the

25



next equation 3.33, independently of the flow arrangement, considering a heat exchanger with infinite
surface area.

dmax = Cmin(Th,i - Tc,i) = CminATmax (333)

Using the actual heat transfer rate ¢ from energy conservation equation and ¢,,., from equations 3.32

and 3.33, the exchanger effectiveness ¢ of equation 3.31 valid for all flow arrangements is given by:

Ch<Th T ThAo) Cc(Tc o — Tc i)
~ i ol i 3.34
Cmv’,n(Th,i - Tc,i) Cmin(Th,i - Tc,i) ( )

Thus, ¢ can be determined directly from the operating temperatures and heat capacity rates. It should

be emphasized here that T}, , and 7, , are the bulk outlet temperatures defined by equation 3.18.

Heat Capacity Rate C*

Heat capacity rate ratio, C* is simply a ratio of the smaller to larger heat capacity rate for the two fluid

streams so that C* < 1.
Cmin _ (mcp)min
Omar B (mcp)maz

C* =

(3.35)

C* is a heat exchanger operating parameter since it is dependent on mass flow rates and/or tempera-
tures of the fluids in the exchanger. Let point out that for a condensing fluid at ideally constant tempera-
ture, the AT range is zero, and hence the heat capacity rate C' approaches infinity for a finite heat rate.
Then, in this case, the heat capacity rate ratio is C* = 0 with C,,,;,, as finite and C,,,.,. approaching infinity
in the sense just discussed. The C* = 0 case with C,,;,, = (1hc,) = 0 is not of practical importance,

since to have n = 0 there is no flow on the C,,;, side of the exchanger.

Number of Transfer Units NTU

The number of transfer units is defined as a ratio of the overall thermal conductance to the smaller

heat capacity rate:

NTU = / UdA (3.36)
Cmin A

NTU designates the nondimensional heat transfer size or thermal size of the heat exchanger, and there-
fore it is a design parameter. With equation 3.36 it is possible to get the overall heat transfer coefficient
(U,A,) for the heat exchanger as U, A, = NTUCpin.

For the special case of an evaporator or a condenser, as in this specific case of study, C* = 0 and

the exchanger effectiveness expression 3.30 reduces to 3.37 valid for all flow arrangements.

e=1—exp(—NTU) (3.37)
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4. Condenser Design and Evaluation
of the Most Relevant Design and
Geometric Parameters to Develop the

Thermosyphon

4.1 Working Fluid

The working fluid selection has an important role on the thermosyphon system performance, as
the thermophysical properties of the chosen fluid influence the condensation, the nucleate boiling heat
transfer as well as the critical heat flux. Several additional issues must be taken into account when
selecting the working fluid, such as the material compatibility, the global environment impact, not be
hazardous nor corrosive, stability of the working fluid under the operating conditions, cost and availability.

The working fluid selected in the present work was the hydrofluorether Novec™ HFE-7000 man-
ufactured by 3M™. This is an inert and dielectric fluid, which is recommended in order to meet the
requirements of safety and reliability, considering the present context of electronic cooling applications.
However, compared to other common fluids such as water, under similar working conditions, the thermal
properties of a dielectric fluids such as the thermal conductivity, the heat capacity or the latent heat
of vaporization have significantly lower values. This means that the devised system must be designed
to overcome this disadvantage, being one of the main reasons of the great effort put in improving the
performance of the evaporator and of the condenser.

HFE-7000 is a relatively new hydrofluoroether dielectric that has recently been proposed to replace
FC-72, as it has similar thermophysical properties and better environmental characteristics (lower Global
Warming Potential (GWP)). Furthermore, as its latent heat of vaporisation is greater, it allows achieving
higher heat transfer coefficients at larger critical heat fluxes (CHF). While several studies have dealt with
the boiling of the fluorinert FC-72, few have investigated HFE-7000.

Table 4.1: 3M™ Novec™ HFE-7000 thermophysical properties at 25°C, 1 atm.

Toat[°C]  pilkg/m®]  pglkg/m®]  u[N.s/m]  cpu[J/kg. K]  k[W/mK]  hsl)/ke] o[N/m]
34 1386.2 8.22 4.31 x 107* 1327.93 0.075 132.16 x 103 124 x 1073
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An important feature is the solubility of air in the HFE-7000 (approximately 35% volume of air in fluid),
which affects the boiling heat transfer. The onset of boiling, the nucleate boiling and also the conden-
sation may be affected due to the presence of non-condensable gases in the system. Furthermore,
the dissolved air causes higher saturation pressures which consequently deteriorate the system thermal
resistance. Therefore, a degassing procedure is a vital step, which was executed at the beginning of
each test.

The thermophysical properties of the HFE-7000 presented in table 4.1 are temperature dependents,
being some of the dependency relations provided by 3M™. For instance, the pressure-temperature
relation along the saturation curve, equation 4.1, being used throughout in this work is given by the

manufacturer:

In(p.105[M Pa)]) = —% +22.978, 243 < T[K] < Topitic and  Topipie =437T7K £1  (4.1)
HFE-7000 working fluid has some material incompatibilities issues that must be taken into account in
the selection materials before the assembly. Following the research on this topic realized by Moura [28],
it was concluded that elastomers with excess of plasticizers and additives are incompatible materials,
which can cause the polymer to harden, crack or shrink. Samples of the used polymeric materials were
submerged into an one week HFE-7000 bath in order to prove the material compatibility. Teflon anaer-
obic adhesive and Viton O-rings showed positive results and therefore were used for sealing purposes.

Note that the working fluid is also compatible with metals (copper and brass used in the condenser).

4.2 Evaporator Design

A cylindrical design tube was chosen for the evaporator since the hot surfaces to test are circular.
Taking into account previous work developed by [28, 33], a clear acrylic tube with internal diameter of
32mm and height of 40mm was used for the main body of the evaporator. The outer diameter of the
cylinder is 40mm, which allows for the wall thickness to be large enough (4mm) to resist the consid-
erate compression load applied to properly seal the assembly and to resist to the radial strength due
to pressure variations. Manufacturer Acrilfer was chosen as the supplier for the acrylic components.
Several machining works for the manufacturing of the evaporator for horizontal and vertical setups with
the pretended size, threaded holes and O-ring grooves were performed during this work in the university
department’s shop floor. A technical draw of the evaporator designed to be used either horizontally or
vertically is illustrated in figure 4.1.

The diameter of the threaded holes (evaporator inlet and outlet) were selected according to the

maximum allowed pressure losses calculated with the Darcy—Weisbach equation [78], assuming that
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Figure 4.1: 32();x40mm evaporator (units in mm).

the friction losses occurring in liquid line must be lower than the positive pressure head of liquid column.
The positive pressure head, calculated by the height difference between the condenser and the entrance
of the evaporator, should be able to drive 1.36ml/s across the tube length. This results in a minimum
tube inner diameter of 1.8mm. Thus, a 3mm inner diameter PVC tube was used for the liquid line and a
9mm inner diameter PVC tube was used for vapour line due to material and feasibility constrains.

The bottom open end of the tube is closed by the hot surface, using a Viton™ O-ring and the Teflon™
adhesive for sealing under pressure. Due to its very small surface tension, HFE-7000 can effectively
drain through very tiny leaks. Hence a Loxeal® anaerobic adhesive, which gains consistency under
pressure, was used for extra sealing. The top open end of the cylinder was sealed by another acrylic
part, a square block with a groove for an additional O-ring and two threaded holes to connect pipe
couplings leading to the condenser, placed above the evaporator. The anaerobic adhesive is here again

used for extra sealing guarantee.

4.3 Condenser Design

Plate Fin Heat Exchangers (PFHES) are recognized as one of the most efficient, standard, and
compact type of heat transfer devices. These heat exchangers have unique features and considerable
advantages when compared with the remaining on the market. High efficiency, small size, light weight
and low cost are the desirable and relevant criteria in the fabrication of these types of compact heat
exchangers. Heat transfer and hydrodynamic processes of the PFHEs are strongly influenced by the
configuration and geometrical parameters of extended surfaces. Plate fins are categorized as (1) plain,
such as plain triangular and rectangular fins, (2) plain but wavy fins, and (3) interrupted fins, such as

offset strip, louver, perforated, and pin fins. An example of some of these geometries is shown in figure
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4.2.

Figure 4.2: Plate fin heat exchangers geometries: plain, perforated, wavy and offset strip (from left to right).

The fins are used depending of the application. In this work louvered fins were considered on the
external side that form the individual air-flow passages. This louvered fin PFHE used as condenser is
a cross-flow heat exchanger with flat tubes, where the flat tubes separate the two fluid streams (air and

coolant) and the fins are only used on the air-side.

4.3.1 Louvered Fins

The compact heat exchanger selected in the present work - a corrugated multi-louver fin and flat
tube heat exchanger is widely used in automotive, air-conditioning and refrigeration systems, where
high efficiency, low cost, small volume and light weight are vital requirements to fulfill. This type of
fin array has several advantages. Hence, the main concept of the louvers is interrupt the airflow and
create a series of thin boundary layers that have lower thermal resistance. Besides that, the finned
structure increases the surface contact area due to high level of compactness, resulting in heat transfer
improvements. This configuration with flat tubes also provides lower drop pressures, when compared
with conventional round tubes, due to smaller projected frontal area causing less profile drag. These
type of fins is schematically represented on figure 4.3(a), being the geometric parameters detailed in
figure 4.3(b).

Over the years, several studies were performed to determine the air-side heat transfer coefficient
and pressure drop, mainly evaluated in terms of the Colburn j factor and fanning friction factor f. A
large number of experiments were performed by Chang and Wang [80], Kim and Bullard [81] and Chang
et al. [82] to calculate the air-side heat transfer and pressure drop data. Cowell et al. [83] showed
that the flow pattern can be characterized in terms of duct-directed and louvered-directed flows, which
is a function of the Reynolds number based on louver pitch. At high velocities, the boundary layers
are thinner and the flow follows the direction of the louvers (louver directed), increasing heat transfer.
Conversely, at low velocities, the boundary layers are thick, which block the gap between adjacent
louvers and make the flow duct-directed, characterized by a very poor heat transfer performance. The
most important drawback of louvered fins is associated to high pressure loss if compared to the plain fin.
To understand if this type of finned plate heat exchanger would be efficiently applied as condenser into
this two-phase system, and if the fan’s Revolutions Per Minute (RPM) speed was enough to effectively

improve the heat transfer, a numerical Computational Fluid Dynamics (CFD) simulation was performed.
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Figure 4.3: Detailed heat exchanger with corrugated multi-louvered fins and flat tubes. a) 3D draw adapted from
[79]; b) Plane and side view and definitions of geometric parameters.

4.3.2 Numerical Simulation: Sensitivity Analysis of the Relevant Parameters in

the Design of the Condenser

Very few studies are reported in the literature for the specific geometric parameters and flow condi-
tions which are required for the present study. Therefore, a numerical CFD simulation was performed
on the air-side of the multi-louvered fin and flat tube in order to infer on the heat transfer performance
and on the design compactness. This numerical analysis has been conducted for different geometric

configurations, in the laminar range of Reynolds number based on the louver pitch between 20-250.

Computational Domain

On the schematic diagram displayed in figure 4.3(a), it is visible the flattened rectangular tubes
and the corrugated multi-louvered fins where the refrigerant (dielectric fluid HFE-7000) and air passes
through respectively. The louvered plate is periodically folded and then bonded to the surface of the
flattened tube, forming the confined flow channels through which air passes over the louvers. Inspecting
the schematic representation, one can clearly identify a geometric periodicity and symmetry which can
be used to simplify the problem to only one fin and half of each flat tube. Therefore, it was not necessary
to solve the problem for the global heat exchanger.

The model was divided into three main domains: the air-flow domain, the flat tube domain and the
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Figure 4.4: 3D computational domain.

fin domain. To fulfill the boundary conditions, which will be discussed in the next section, the fluid
domain was extended at the inlet (upstream), to allow a uniform air-flow and especially at the outlet
(downstream), in order to have a developed flow in the streamwise direction. Figure 4.4 identifies the
different domains: the louvered fin is represented in copper color, the flat tube is in gray, while the shaded
volume represents the air domain.

The initial geometry depicted in figure 4.5 was chosen taking into account the standard condenser
geometries and also the fin dimensions addressed in the correlations reported in the literature. This

detailed geometry was initially considered only for validation purposes.
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Figure 4.5: Initial detailed geometry in millimetres.

Different heat exchanger configurations were also tested, in the numerical simulation, to infer on
those which can potentially provide improved heat transfer rates. Within this scope several geometric
parameters were varied, namely the louver angle (L), the louver length (Z;), the louver pitch (L),
louver number (INV;), redirection length (S2) and fin pitch (F,), while some fin dimensions, as fin thickness

(0£), fin depth (F;) and fin length (F;) were kept constant at 0.13mm , 22mm and 6.5mm respectively.
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The range considered to vary these parameters was establish to respect the CPU dimensions and the

manufacturing limitations.

Governing Equations

This is a 3D dimensional convective heat transfer problem, where the fluid motion is governed by
the Navier-Stokes and continuity equations coupled with the energy conservation equation. In non-

conservative form, these equations can be written as:

Dp L
U -
— = T 4,
P Di Vp+ V7T +pf (4.3)
De . . _ o\~
Ppr = —pV.ai+V.(kVT) + ¢+ Q ,with ¢ = (7.V)iu (4.4)

Where p is the fluid density, @ the velocity vector, 7 the viscous stress tensor, fthe body force per
unite of mass acting on the fluid, p pressure, e the specific internal energy, k£ thermal conductivity and
Q is the heat generation rate per unit volume. The first equation results from mass conservation and
is known as the continuity equation. The second is a set of equations (one for each dimension) that
describes the linear momentum conservation. Finally, the third equation represents the energy balance
and is applied for the flow and solid domain.

To simplify the previous governing equations, several assumptions were taken in consideration. The
fluid was assumed as isotropic and Newtonian and the stress tensor only depends of the velocity gra-
dient. The flow is considered to be incompressible, since the air velocity is much lower than the speed
of sound. This assumption is evaluated based on the fact that the Mach number, which represents the
local flow velocity divided by the speed of sound in the medium. The assumption of incompressibility is
valid since Ma = 0.02, which fulfills the condition of Ma < 0.3, meaning that density variation along the
space can be neglected. Due to the very low Mach number, the viscous dissipation effect, as well as the
work done by pressure changes were neglected.

The transition from laminar to turbulent flow is dependent on the entrance configuration, flow passage
geometry, whether or not the surface is interrupted, surface roughness, natural convection effects, flow
pulsation and even the change of viscosity when large heating rates occur. So, for a plate finned heat
exchanger, not being a smooth circular tube, the transition flow is even more uncertain. Therefore,
classifying the flow on a corrugated multi-louvered fin as laminar or turbulent, is a difficult task. In
fact, there may be regions of laminar, laminar unsteady, transitional, and turbulent flows all coexisting
in a heat exchanger complex flow passage. In the numerical simulation, the air-flow was assumed as

laminar, which is a reasonable consideration for the range of Reynolds numbers addressed here Rey, <
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1200, according to Antoniou et al. [84].

Tafti et al. [85, 86] performed several studies where they estimated that the flow instability starts to
appear outside of the louver bank for Rer, = 400. Tafti et al. [85,86] also concluded that only at Rer, =
1300 the air-flow at all louvers exhibits unsteadiness. Therefore, a steady-state analysis is valid for the
applied range Rer, conditions. Note that a steady-state analysis means constant flow rates and fluid
temperatures (at the inlet and within the exchanger) independent of time.

Since p = cst., applying the incompressible substance model ¢, = ¢, and consequently the internal
energy is defined as de = ¢,dT". The heat transfer by radiation was also neglected in the energy balance
due to the low temperatures observed in the current problem (25°C - 34°C).

With all these assumptions, it was possible to derive and get the following simplified expressions:

V.i=0 (4.5)
0.V = —% + Vi (4.6)
pcpi.NT = V.(kVT) + Q (4.7)

Where v is kinematic viscosity, p the gauge pressure and ¢, the heat capacity. The gravity effect was
also disregarded from the momentum since atmospheric relative pressure (gauge pressure) was used.
The solid, such as the tube walls and fin, is assumed as an isotropic body with temperature-dependent
heat transfer, according with the Fourier’'s law. Despite the flow incompressibility, all the fluid properties
(density, thermal conductivity, heat capacity, viscosity) in the numerical simulation, are temperature-
dependent due to the non-isothermal characteristic of the problem. Applying the previous governing

equations, a numerical simulation was computed in COMSOL Multiphysics® v5.2.

Boundary Conditions

Rectangular Cartesian coordinates system (x,y,z) were used, with x representing streamwise direc-

tion, y wall normal direction and z spanwise direction.

Symmetry
Conwvective B.C

Symmetry
Pressure Outlet

Periodic B.C

Figure 4.6: Boundary conditions of the computational domain.
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A symmetric boundary condition was applied to the lateral faces, parallel to z-y plan, of upstream and
downstream air domain, assuming a zero flux of all quantities across these surfaces. This condition was
applied because the flow and the thermal solution have a symmetry pattern which is useful to reduce
the extent of the computational model. A periodic boundary condition was used for longitudinal faces of

air domain, top and bottom parallel to z-z, in order to implement standard periodicity.
Navier-Stokes boundary conditions

At the inlet surface a normal inflow velocity u;, (v, = u, = 0) was imposed according to the specified
air mass flow rate. It is worth mentioning that air velocity depends on the rpm’s fan and could reach
the critical speed of 3m/s, corresponding to Rer, ~ 250 (based on the louver pitch). On the opposite
face, at the outlet, a zero gauge pressure was imposed. However, this condition can lead to an unstable
solution for the low Reynolds numbers used here, so the flow at the outlet was assumed to have only
a normal velocity component (null tangential velocity). No slip boundary condition was imposed at solid

walls, @ = 0, including all the fin surfaces and the exterior walls of the flat tubes.
Energy conservation boundary conditions

A constant temperature T, was applied at the inlet of the fluid domain, imposed by the inflow air
temperature. At the outlet, an outflow condition was imposed, assuming a convection dominant thermal
problem, which results in a null temperature gradient in the normal direction ((kVT).77 = 0 = g—g =0).
At the internal faces of the flat tubes, a convective boundary condition was imposed, ¢ = h;(Tsat — Tw),
simulating the latent heat released by the phase change of the refrigerant, with both, the fluid saturation

temperature, Ts,: and convective heat transfer coefficient, h;, constant and known. A continuous flux

was imposed at fluid-solid interface (k; %TT-;’ =ky a;{") and temperature (T; = T¥;).

Numerical Solver

COMSOL Multiphysics® uses the Finite Element Method (FEM) to approximate solutions to bound-
ary value problems. A conjugated heat transfer problem was solved in COMSOL, coupling the heat
transfer in solids and fluids in order to assure a continuous flux and temperature across the interface
solid-fluid. In the solid, the thermal energy is transported by conduction (in the brass flat tubes and cop-
per fins), while in the air-flow the heat is mainly transported by convection and conduction. The air-flow
is non-isothermal, so the software solves the governing equations (4.5, 4.6 and 4.7) considering the
properties to be temperature-dependent.

The problem was solved with a segregated model, as this requires less memory and has a faster
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convergence. However, the convergence is not always guaranteed, because segregated solvers are not
unconditionally stable. The idea of segregated solvers is to solve each governing equation separately.
In this study, segregated parametric solvers were used in two steps, for the fluid flow (u, v, w and p)
and heat transfer (') module. An iterative GMRE solver was implemented in the first module, since the
convective term of the Navier Stokes equations is non-linear. The pre-conditioner solver was a Geomet-
ric Multigrid with SCGS like pre and post smoother and Parallel Sparse Direct Linear Solver (PARDISO)
as coarse solver. To reach a faster convergence, in the second segregated step, the heat transfer equa-
tion was solved with Multifrontal Massively Parallel Sparse Direct Solver (IUMPS). Moreover, stream-
line and crosswind diffusion techniques of stabilization were used for both fluid flow and heat transfer

modules.

Mesh Settings

Due to the model's complex geometry, the mesh was generated automatically, with the physics-
controlled mesh mode of COMSOL. An unstructured grid was generated with free triangular mesh
(tetrahedral elements, pyramids and prisms are the most used) within the flow stream away from the
walls, while boundary layers were added close to the walls. Since the velocity changes very rapidly in
the direction normal to the wall, close to the boundary and very little in the tangential direction of the
wall, the mesh at the boundary layers was refined and made to consist of quadrilateral elements tightly
packed in the direction normal to the wall and more sparsely in the tangential direction. The mesh was
more refined at the corners and at the edges in order to obtain a better accuracy.

A mesh analysis was performed, where the number of finite elements was increased as summarized
in table 4.2, in order to avoid any mesh dependence results. The quantity of interest, that evaluates the

air-side thermal performance was the Colburn j factor.

Table 4.2: Mesh properties.

Mesh Total No. of elements | Maximum element size (mm) | Near wall element size (mm) | Computation time (min)
Extra Coarse 107111 1.28 5.06E-1 6
Coarser 229985 7.79E-1 1.17E-1 15
Coarse 650677 5.06E-1 7.79E-2 50
Normal 1488934 3.89E-1 3.89E-2 140
Fine 4658487 2-61E-1 1.56E-2 2100

Steady-state simulations were conducted for all structured meshes at frontal air velocity of 2m/s. Col-
burn j factor and the computational cost parameters were documented and compared for all the meshes.
Colburn j factor against the grid size of free triangular mesh is shown in figure 4.7. Computational results
show that the variation in the j factor tends to converge when the mesh is refined. However, more re-
sources would be needed to compute the model with a greater number of elements and obtain a better

convergence.
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Figure 4.7: Variation of Colburn j factor for different grid sizes.

The computational cost, that includes the computation time and allocated memory is several times
higher for normal and fine mesh. Therefore, due to the aforementioned reasons, a coarse mesh was

selected for all the simulations in the present study, to improve the simulation speed.

4.3.3 Results

The air-side mean heat transfer coefficient was reported as the Colburn j factor and the mean drop
pressure was evaluated using the Fanning friction factor. These parameters were chosen to allow a
comparative analysis with previous studies reported in the literature, which is useful for validation pur-
poses. The expressions used to calculate these quantities are given in Egs. 3.23 and 3.24. In the data
processing, all the fluid properties were assumed as constant, i, k, C,, p, to facilitate the calculations
and results presentation. The CFD variables (7', 4, p — unknowns of the problem) were successively
exported and processed separately, in a Matlab code, to predict the variables of interest. All the results

depicted and discussed in this section were obtained with the input parameters presented in Table 4.3.

Table 4.3: Input variables

variable  unit value
Uin m/s 0-3
Tsat °C 34
Too °C 25
hi W/m?.K 2000

The heat transfer coefficient values were predicted considering an internal flow, equation 3.19a,

where the heat flux is directly determined by the commercial software. The outlet bulk temperature and
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the wall temperature were calculated according to the definitions provided in equations 3.18 and 3.17
respectively.

Considering the flow as a steady-problem, the heat transfer, more precisely latent heat term, dissi-
pated from the flat tubes equals the sensible heat absorbed by the air-side. Hence, the heat transfer
rate value can be calculated by a simple energy balance at the air-flow channel, between the outlet and

inlet surfaces (¢ = [ pe,uTdsous — [ pepuTds;y).

Validation

A validation exercise was performed to check on the validity of the results for the imposed conditions
on the model and on its boundaries. This analysis showed that mass, momentum and energy were
successful conserved. Afterwards, still for validation purposes, a numerical simulation was performed,
where the initial geometry was kept constant, as presented in figure 4.5, being the numerical results

compared with those obtained from the effectiveness-NTU method.
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Figure 4.8: Comparation between CFD results and existent correlations. a) Colburn factor. b) Fanning factor.

Chang et al. [82], Chang and Wang [80], Kim and Bullard [81] and Shinde and Linde [87] report
some of the few existing empirical correlations, valid for this corrugated multi-louver geometry and for
this specific range of working conditions (Reynolds number). Therefore, these correlations were used
to validate the numerical results, as depicted figure 4.8, where the the Colburn j factor and the Fanning
friction factor are represented as a function of the louver pitch Reynolds number. These results show that
both, j and f factors, exhibit a decreasing trend with increasing Reynolds numbers, which is generally
in agreement with the trends reported in the literature [80-82,87].

Furthermore, figure 4.8(a) shows that, for the Colburn j factor, the numerical data obtained here is in
very good agreement with the Shinde and Lin correlation [87], presenting a maximum relative error of

10%. However, for the Fanning friction factor, shown in figure 4.8(b), there is a considerable deviation
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between the numerical data and the Shinde and Lin correlation [87], particularly for low Reynolds number
(Rer, < 100) getting an error of 80%. This deviation observed for the friction factor may be due to
fouling, local flow contraction and expansion losses, which are neglected in the numerical model and
have a considerable effect under experimental conditions, mainly at low flow speeds. Thus, it affects
the empirical correlations, which are known to be very sensitive to the particular working conditions for
which the experimental data was obtained. Surface roughness, which was not taken into account in the
model, may also effect the Fanning factor, as reported by Shah [88] for compact flows passages.
Shinde and Lin [87] reported that 85% of the experimental test data were used to develop the j and
f factor correlations, within an maximum root mean square error of £22.12% and +13.53% respectively
as plotted in figure 4.9. Despite the friction factor nonconformity, this correlation was chosen to proceed

with the validation process.
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Figure 4.9: Numerical results validation with Shinde and Lin correlation [87]. a) Colburn factor. b) Fanning factor.

Knowing Colburn j factor values allows predicting, for a given core size, the mean outlet temperature
and consequently the heat transfer rate. Applying an iterative e-NTU procedure, as proposed by Shah
[88] and known as rating problem, the variables of interest were calculated. This procedure consists in
solving, iteratively, the effectiveness-NTU method and the analogue electric expressions for a plate-fin
heat exchanger with C* = 0 (phase change). The iterative process starts with a guessed initially outlet
temperature until convergence is achieved, within the set value degree of accuracy.

It is worth mentioning that all the geometric properties have to be known to determine the Reynolds
number and, consequently, determine Colburn and Fanning factors. To compute the total conductance
U,, the total thermal resistance from the air to the coolant was formulated as shown in equation 3.27,
with the fin efficiency and extended surface efficiency calculated as assumed in equation 3.28. NTU
was determined by the definition of number of transfer units, expression 3.36 and the effectiveness was

evaluated using equation 3.37. Finally, the temperature is recalculated by an energy balance, taking into
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account equation 3.34 of the effectiveness method.
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Figure 4.10: CFD results validation with an iterative e-NTU procedure [88]. a) Effectiveness results. b) Heat transfer
rate results.

The numerical outlet temperature and heat transfer rate values were compared with the results ob-
tained with the e-NTU iterative method for the applied Reynolds number. As shown in figure 4.10, a
reasonable agreement is attained where the relative deviation tends to be reduced, as the air-flow speed
increases, with a relative error of 1.1% at maximum flow speed. This is an acceptable value, taking into
account that the heat transfer rate is the main quantity of interest for this study. So, the results discussed
here allow validating the CFD model and extrapolate the simulation to other core dimensions, as well as

different finned parameters.

Parametric Optimization Process

A sensitivity analysis including fin pitch F,, louver pitch L,, louver angle L, louver length L,, redi-
rection length Sy and louver number N; was extensively performed. Within this scope, these geometric
parameters were varied once at a time to obtain the best heat transfer performance possible, which
was evaluated based on the Colburn and Fanning factors (equations 3.23 and 3.24), as well as on the
goodness factor which infers a valuable thermal-hydraulic performance quantification. This is still a basic

analysis, only valid for the range of Reynolds number of 20—250.

Effect of fin pitch variation I,

The variation of the Colburn factor with respect to the Reynolds number based on the louver pitch is
illustrated in figure 4.11(a). The figure shows a proportional decrease in the j factor, with the increase of
the air-flow speed, for a given fin pitch. For a certain fixed Reynolds number, the value of the convective

heat transfer coefficient tends to decrease as the fin pitch decreases, due to the mixing of the thermal
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boundary layer between surfaces. On the other hand, an increase in the Colburn factor of 7.2% is
observed when the fin pitch is varied from 1mm to 1.38mm, at maximum Reynolds number (air speed
of 3m/s).
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Figure 4.11: Thermal-hydraulic behavior corresponding to fin pitch variation at different Reynolds number. a) Col-
burn j factor b) Goodness factor.

In fact [89] reported that, for low Reynolds numbers (Rer, < 300), the j factor decreases as the
fin pitch decreases, while the reverse is observed at high Reynolds numbers (Rer, > 300), where the
j increases as the F, decreases. This transition Reynolds number depends also on other parameters
such as the louver angle and louver length. The effect of fin pitch on the heat transfer described here is
consistent with that reported in the literature [81].

On the other hand, the Fanning factor increases with the decrease in the fin pitch, for all flow con-
ditions tested here. The fin pitch reduction leads to a corresponding increase in the surface area, for a
given heat exchanger core volume, which in turn, provides higher air-flow speed and higher resistance.
This explains why the friction losses are higher for F,, = 1mm deteriorating the goodness factor as shown
in 4.11(b).

For a given heat exchanger core volume, the surface area density will increase in proportion to the
decrease in size of Fj,. This increase provides a wider surface area to enhance the heat transfer rate.
So, although the heat transfer coefficient tends to be reduced as F, decreases, the heat rate is not

deteriorated for a fixed Reynolds number.

Louver pitch L,

Figure 4.12(a) depicts the Colburn factor as a function of the Reynolds number, for three different
louver pitches (0.9, 1 and 1.1mm). The figure evidences that the heat transfer is strongly dependent

on the Reynolds number, so the optimum louver pitch parameter was chosen taking into account the
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maximum applied Reynolds number value.
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Figure 4.12: Thermal-hydraulic behavior corresponding to louver pitch variation at different Reynolds number. a)
Colburn j factor b) Goodness factor.

On the other hand, the Fanning factor is observed to increase with the increase in the louver pitch, as
expected. The increase in L,, leads to a corresponding increase in the surface area, for a given volume,
which in turn, provides higher resistance (drag and friction) on the air-flow side.

In summary, increasing the louver pitch contributes to obtain higher heat transfer coefficients, but
only until a certain louver pitch value. To have a clearer view of this trend, the goodness factor was
plotted in figure 4.12(b) as function of the louver pitch reynolds number. At maximum air-flow speed, the
highest values was obtained for Lp = 1mm. Further increasing the louver pitch has a negative effect on
the pressure drop which consequently affects the heat transfer coefficient. Hence, beyond this value of
the louver pitch of Lp = 1mm, the surface area becomes the sole variable which contributes to improve

the heat transfer rate.

Louver angle L.,

Figure 4.13 shows, as expected, a trend of the Colburn factor to increase when the louver angle is
increased, which is particularly evident at Reynolds numbers higher than 200 (Re;,, > 200). Increasing
30% the louver inclination from 20 to 26 degrees, the Colburn j factor is augmented 3.4% at maximum
air-flow speed, which results in a heat transfer coefficient improvement of 9.2%.

The louver angle plays an essential role in the heat transfer and in the fluid flow mechanisms in the
air-flow. Increasing the louver angle turns the flow more louver-directed, leading to higher heat transfer
rates. The fluid travels larger distances through the fin, improving the mixing between cold and hot air.
Moreover, the air-flow velocity passing among the louvers is increased, causing thinner boundary layers

around them. However, large louver angles are more prone to develop large recirculation zones on
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Figure 4.13: Thermal-hydraulic behavior corresponding to louver angle variation at different Reynolds number. a)
Colburn j factor b) Goodness factor.

louvers at relatively low Reynolds numbers (Rer, < 200).
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Figure 4.14: Velocity field [m/s] at plan z=0 for different louver angles L. = 20, 26, 29 deg.

The numerical results discussed here show that the air-side heat transfer coefficient is strongly de-
pendent on the relative angle between adjacent fins. Figure 4.13 illustrates the Colburn j factor and the
goodness factor in function of Reynolds number. The results shows that the heat transfer is enhanced
by increasing the louver angle up to a certain value, o« = 26°, after which the Colburn factor starts to de-
crease. This trend can be explained by the louver alignment, which prohibits or delays the re-initialization
of boundary layer, as shown in figure 4.14. Whenever the louvers are oriented in a manner that the up-
stream louvers reduce the effective surface area of downstream louvers available for heat transfer, the

heat transfer coefficient is drastically reduced.
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Louver length L,

The larger is the L; the better will be the heat transfer performance, not only due to the finned surface
area increment, but also due to the increase of re-initialization‘'s boundary layer along span direction.
However, after a critical value of L; = 4.5mm the span direction distance between the boundary layer and
the flat tube surface are reduced deteriorating the flow and heat transfer coefficients. The results also
suggest that increasing this parameter results in a small penalty of pressure drop. An optimum Colburn j
factor was reached with L; = 4.5mm. Increasing the L, just 0.5mm (from L; = 4mm to L; = 4.5mm) cor-

responds to an improving of heat transfer coefficient and heat flux around 2.17% and 0.64% respectively.

Redirection length S, and Louver number N;

So far, all the previous results were obtained for a constant louver number and redirection length,
N; =6 and S, = 0.5mm. From here, these parameters will be varied to infer on their impact on the flow
field and on the heat transfer processes. The redirection length and louver number’s effects on Fanning
friction and Colburn factors were studied.
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Figure 4.15: Thermal-hydraulic behavior corresponding to louver number variation at different Reynolds number.
a) Colburn j factor b) Goodness factor.

According to these results, regarding the redirection length, one may observe that decreasing the
S, dimension, up to 0.5mm, increases the Colburn j factor, regardless of the Reynolds number. The
friction losses are mostly unaffected by this parameter. Following these results, So = 0.5mm was taken
as optimum value for the final condenser design.

The effect of the louver number on the heat transfer is depicted in figure 4.15. The evaluation of
the heat transfer for different louver numbers was performed for the maximum applied Reynolds number
Rer, = 250. Increasing the louver number from 6 to 16, provides an enhancement in the Colburn |

factor of 7%, while the friction factor is increased 17%. The optimum Colburn factor and goodness factor
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was reached with 16 louvers which corresponds to a fully louvered fin (i.e., fin depth is completely filled
with louver fins).

The hypothesis of including more redirection louvers in the louver array of the fin was also consid-
ered, following the recommendations of Kim et al. [89]. However the numerical results obtained for this
scenario did not show any improvement on the heat transfer processes or in reducing the pressures

losses, which can be related to the low Reynolds numbers used in this study.

Final Optimized Geometry

The current air-side study suggests that all the studied parameters have impact on the heat transfer
and on the fluid flow mechanisms. For example increasing the angle between 20 to 26 degrees the i
enhances 10% corresponding to an increase in the heat flux up to 4% with low pressure drop penal-
ization. However, if all these corrections are taken into account, a good heat transfer improvement is
achieved. The “optimized” parameters that are recommended to design the final condenser, following

the work reported in this chapter, are summarized in table 4.4.

Table 4.4: Optimized fin parameters and illustration.

Parameters F,
variable unit value L -4 T, - _ if
Fy mm 22
F T
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ooommo 138
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% Sl

Cross-sectional view A-A

All the quantitative results, summarized in table 4.5 and discussed next, are relative to a corrugated
plain fin heat exchanger for the same core’s size and evaluated at 3m/s air-flow speed. Numerical
results have shown that the final optimized geometry enhances the air-side heat transfer coefficient
around 55.0%, which results in approximately 14.8% of heat flux enhancement (although there is an
obvious penalty of pressure drop). This results, in turn in a heat rate enhancement factor of 23.4%
against the plain heat exchanger.

However, due to manufacture restrictions, these optimized proposed dimensions were not possible to
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be applied in practice. Nevertheless, a local manufacturer - Construgao de radiadores Lda, was able to
manufacture and work on this type of louver fins after providing us their manufacturing limitations. So, an
additional numerical simulation was performed to size and quantify the real gains of the condenser which
could be actually manufactured and that was used in the following experimental activity, as detailed in
the subsequent chapters. The final core’s size of 110x120x22mm was obtained with a Thermal Design
Power (TDP) of 250W (the maximum TDP value that is usually defined for modern CPU’s). However,
in a future work, providing that the current manufacture restrictions can be overcome, the “optimum”
geometry values obtained here will allow a reduction in the heat exchanger’s transversal area of nearly
12% for the same TDP of 250W.

Table 4.5: Final thermal-hydraulic enhancement results compared with plain heat exchanger.

Enhancement at maximum air-flow rate

Model %) AT(%) ¢"(%) Contactarea(%) q(%) i/fY3(%)
Manufacture +22.8 -12.2 +7.8 +3.1 +11.1 +8.8
"Optimized” +55.0 -26.0 +14.8 +7.5 +23.4 +18.9
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5. Experimental Methodology

The cooling system must be developed and tested under well defined and controlled working condi-
tions, which are representative of the real TDP and of the actual heat loads dissipated by a real CPU,
both at steady-state and transient regimes. Hence, the condensers manufactured by Construgao de radi-
adores Lda, following the analysis described in the previous chapter were used to re-assemble a closed
loop thermosyphon facility, as early developed by Moura [28] and later improved by Abreu [33]. This
chapter briefly describes the experimental facility that was assembled in this study to test and evaluate
the performance of the devised condensers, including also the instrumentation and acquisition system.

The experimental procedure and the measurement uncertainties are also described in this chapter.

5.1 Experimental Facility

The schematic diagram of the experimental facility is shown in figure 5.1. It consists of an evaporator
and an air-cooled condenser, assembled in a thermosyphon system, aided by a 12V fan, a heater, two
power supply modules, a graduated syringe for the working fluid filling, an exhaust valve with a recovery

system to prevent fluid leakages and an acquisition system.

Intel PSU [12V] Fan 12V Condenser
Relief valve |
|:I|
[ DA 1 | emm—
NI USB-E008 :I)—
SIEESIN  control Boara
B0V Powar SoUrce
fonct i
Syringe
Evaporator yring
a}

Figure 5.1: Schematic diagram of the experimental setup.

The evaporator is an acrylic tube with 32mm inner diameter, 40mm height and 4mm thick (details on

the evaporator were previously described in chapter 4). The evaporator section is electrically heated by
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a (IRFP450) transistor with a contact area of 300mm? which is connected to a 60V power source and
controlled by the CPU and an electric board (described on the next sub-section). This heating element
is insulated by a teflon base. The condenser is assembled above the evaporator and mounted on a
pivot joint with locking clamping lever support that enables to set the desirable inclination angle 6. As
already defined in sub-section 2.3, the condenser’s inclination angles are measured from the horizontal
plane, where 0° corresponds to the horizontal position, positive values to upward and negative angles
to downward flow. This support is composed by two flat smooth surfaces made to settle on each of
the condenser’s face, which are fitted by two bolts tightened by nuts. Insulation paper is placed on
these faces to minimize thermal conduction losses as well as to absorb excessive applied mechanical
loads, avoiding damaging the condenser. Following the design and analysis detailed in the previous
chapter, two condensers with multi-louver fin and flat tube were manufactured and experimentally tested.
Hence, a standard 120x120mm multi-pass condenser was used in reflux mode and the custom made
110x120mm single-passe condenser was implemented in circulation (closed loop). Both cross-flow heat
exchangers are constituted by copper on the fins and brass on the flat tubes.

Figure 5.2 show the facility mounted in the horizontal orientation in both circulation and reflux modes.
In the reflux mode, figure 5.2(b), two 9mm pipes are used to connect the evaporator to the condenser,
in an attempt of enhancing the reflux condensation rate. In the circulation mode, figure 5.2(a), the vapor

and liquid phases flow separately, being needed only one pipe for the vapor line and other for the liquid
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Figure 5.2: System configuration for different condenser [Horizontal]. a) Condenser in circulation mode (CLTPT) b)
Condenser in reflux mode (CTPT).

The same facility, only with condenser in circulation mode, was placed at the vertical orientation, to
characterize the behaviour of the CLTPT. However, some strictly necessary changes in the configuration
were required. So, a RS pro pneumatic Y threaded-to-tube adapter G1/4 was mounted at the evaporator
outlet to allow the vapour passage simultaneously with pressure measuring. This causes pressure

losses that affects negatively the system performance, but which is mandatory to assemble the system in
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a functional manner. Due to geometric constrains, the setup at the vertical position is more compact, so
the difference in height between the evaporator and the condenser is smaller for the vertical orientation.
This may affect the heat transfer and the flow mechanisms during boiling and condensation. However,
these minor changes and their possible impact on the results were carefully analyzed and taken into

account as much as possible when presenting and discussing the results (as detailed in chapter 6).

5.1.1 Instrumentation and Acquisition

Six K-type thermocouples manufactured by OMEGA were used to measure the following tempera-

tures:

—

. the junction temperature inside the transistor;

2. the saturation temperature of the liquid in the evaporator;

w

. the liquid temperature of the condenser’s outlet (only in circulation mode), two-phase temperature

(reflux mode);
4. the ambient air temperature downstream to the condenser’s fan forced convection air-flow;
5. the ambient air temperature upstream to the condenser’s fan forced convection air-flow.

These sensors were placed as illustrated in figures 5.3(a) and 5.3(b) for the circulation and reflux

modes respectively, where the numbers corresponds to the previously mentioned locations.

Y
N

(a) Condenser in circulation mode. (b) Condenser in reflux mode.

Figure 5.3: Sensors location for different configurations [Horizontal]. red - coolant temperature; black - junction
temperature; green - air-flow temperatures.

Two thermocouples were used to measure the ambient air temperature downstream to the con-
denser’s fan forced convection air-flow, to obtain a more representative value of the average air-flow

temperature at the outlet of the condenser. Insulated junction probes were used to measure the junction
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temperature inside the transistor and the saturation temperature on the liquid in the evaporator, while
the remaining temperature measurements were performed using exposed junction probes. The thermo-
couples have an accuracy of +1°C, being their signal acquired with a Data Translation DT9828E 12-bit

ADC cold-junction compensated.

A Gefran -1 to 2 bar pressure transmitter with 4+ 0.5% FSO accuracy was assembled on the top of the
evaporator and its signal was amplified with a power source regulated to 30V, as stated by the sensor’s
requirements. The pressure readings were converted to digital by a National Instruments DAQ board,

connected to the computer through a USB cable.

5.1.2 Control Board

For a systematic conduction of the experiments and relevant data’s collection, a control system was
conceived (LabVIEW + NI DAQ + Control board - already shown in figure 5.1). The 12-bit National In-
struments USB-6008 DAQ board with 1.0kHz converts the signals from analog to digital (or the opposite)
which are needed to be controlled, in order to perform an automatic system’s control. Only two quantities

are being controlled: the electric power dissipation (heat load) and the inner evaporator pressure.

The electrical power input to the heater was controlled using an electric board monitored in a Lab-
VIEW algorithm, by measuring the applied voltage and current. With the current and potential difference
it is possible to calculate the real Joule power, which corresponds to the desired heat load rate to be
imposed. The electric circuit receives the analog signal from the NI DAQ board and feeds the transistor
MOSFET with 60V. The electronic circuit responsible for the heat load control, originally designed by
Abreu [33], was improved in the present study with new Op-Amp, power film resistors and MOSFET, to
allow reaching higher power dissipation and junction temperatures. The power control circuit scheme is

provided in Annexes A.1. More detailed information on the signal processing can be found in Abreu [33].

On the other hand, the pressure in the evaporator can be controlled with the fan’'s RPM, according
to the purpose of study (later discussed). The user can set the speed of the fan or make it vary, using
a PID control to maintain the required pressure. A LabVIEW code backed by an electric circuit allows
to control the output voltage and then the fan’s RPM. The linear controller just amplifies the NI output

[0-5V] to [0-12V]. The electric circuit used is shown in Annexes A.2.

It is worth mentioning that, for safety reasons, the transistor maximum operating temperature (150°C)
is much higher than the normal working temperatures of a real microprocessor. However, throughout this
work, when the junction temperature surpass forbidden temperature values for a real CPU, i.e. above

from 80°C, the system is turned off.
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5.2 Experimental Method

The experimental method described here includes the procedure followed in the closed system as-
sembly, namely surface removing, surface cleaning and the new surface assembly. The degassing
procedure is described next, being followed by the experimental procedure used to perform the experi-
ments to characterize the performance of the condenser and of the entire cooling system both at steady

and transient regimes.

5.2.1 System Assembly - Boiling Surface

Following previous work from Moura [28] and from Abreu [33], which clealry evidenced enhanced
heat transfer coefficients and superior overall cooling performance of the thermosyphon system, using
microstructured surfaces, the surfaces leading to the best results reported in [33] were also tested here,
to infer on their impact with the custom made condenser. The surfaces were microstructured with a
regular pattern of cavities with fixed diameter of 100um and depth of 15um . The distance between the
microcavities S[um] was varied, so that experiments were performed for S = 100um, S = 200um and
S = 600um. A smooth surface was also used as a reference. The surfaces, already used by [33] were
fully characterized in terms of topography and wettability, quantified by the contact angles. The detailed
characterization of the surface properties and measurement procedures is reported by [33]. HFE-7000
is a well wetting liquid, so that the contact angles measured with this liquid are always close to zero. The

set of experiments using the microstructured surfaces was performed under steady-state conditions.

N {
. S
N T |
) |
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Figure 5.4: Microstructured copper surfaces and microcavities distance S.

Before being mounted in the evaporator the surfaces must be carefully cleaned with an acetone bath.
A thermal compound was then applied on the transistor bottom’s face, to reduce the thermal resistance
between the transistor and the surface. Approximately the same amount of compound was used with
each surface to assure repeatability of the results. The surface was manually placed at the center of
the teflon base together with the acrylic evaporator with two O-rings on each extremity. The set acrylic
evaporator and copper surface has to be visually centered in the assembly and then closed with the top
acrylic cover which compresses and closes the evaporator by screwing the four studs. Afterwards, the

transistor must be reassembled under the surface, through the teflon base’s cavity. Four springs were
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placed to assure a constant contact pressure along the junction surface. Finally, the system was be filled
with an surplus amount of liquid, taking into account some losses that are inevitable in the degassing

process that will be detailed next.

5.2.2 Degasification of the Working Fluid

At the beginning of each test, after filling the evaporator with HFE-7000, a degasification procedure
is followed to remove as much as possible the dissolved air which affects the results, namely the onset
of boiling. The first step of this procedure consists of simply moving around and shake the evaporator
to help any enclosed air bubble or bag to move out of the evaporator, moving to upper zones, facilitating
the degassing. After visualizing the liquid height without any air bubble the condenser exhaust valve
was closed, closing the loop, and the controlling circuit is set to an initial power dissipation of 5W.
The saturation temperature slightly increases as well as the inner pressure and the working liquid is
on the natural convection regime. After the steady state is achieved, the heat load was increased to
20W. At this stage, active nucleation sites are already observed. Small heat load steps were then
slowly applied until the evaporator pressure overtook 1200mbar (corresponding nearly to an imposed
heat load of 50W). At this stage, the exhaust valve was opened and closed repeatedly and very quickly,
just 1 second each time, allowing the vapour and non-condensable gases to escape. This procedure
leads the system pressure to rapidly decrease, so care should be taken to keep the pressure in the
evaporator monitored and controlled. The exhaust valve was then closed when the pressure was close
from the atmospheric. At this point, the liquid saturation temperature was checked and used to calculate
the pressure, according to equation 4.1. The obtained value was compared with the pressure value
measured at the evaporator. All the process is cyclically repeated until the pressure inside the evaporator
is as close as possible to the pressure curve provided by the manufacturer of the working fluid. The
degasing process was considered to be completed when the pressure value measured in the evaporator
difered from that calculated by less than 50mbar. After degasification is completed, the liquid level should

be re-checked and adjusted, if required.

5.2.3 Experimental Procedure Overview

With the degassing already performed, the facility is ready to be used, either in (1) steady or (2)
transient regimes. The respective LabVIEW routine and QuickDAQ routines are started to monitor the
temperatures and pressure at 20Hz, checking the operability of the sensors. Next the power supply
should be turn on and the voltage must be set to 60V, because the analogic circuit together with Lab-

VIEW code were projected to work at this voltage. Then depending of the state:

1. All the steady-state analysis (horizontal and vertical) were performed under controlled pressure
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working conditions, via a PID controller implemented on LabVIEW. The evaporation pressure and
consequently the boiling saturation temperature are controlled by the condenser fan rotational
speed. So in the steady-state case, the user should set in the LabVIEW routine the reference
pressure (1005mbar) to control the evaporator pressure. The operability of the control system

must be ensured, by checking if the read heat rate corresponds to the input heat load.

5W steps were successively imposed until the onset of boiling was detected. Afterwards, the
power steps were increased to 20W, until CHF was achieved or dry-out occured or the junction
temperature exceeded the 80°C. Note that the critical heat flux depends on many parameters such
as the surface orientation and topography. Relevant temperature and pressure values were col-
lected only when steady-state was achieved and temperatures and pressure values were stabilized
(this may take up to 10min). Each experiment performed for a different imposed heat load (steady-
state regime) was repeated five times, for increasing and decreasing heat flux.The obtained data
was then used to compute mean values and standard deviations for the each imposed heat load

allowing to obtain a complete curve.

. The transient-state analysis were performed under real working conditions (i.e. without controlling
the pressure), with the fan set to run at constant speed. So the user should set in the LabVIEW
routine the manual RPM control and aided by a manual anemometer with accuracy of +5% read
the air-flow speed in order to reach the air velocity of 3m/s, to match the air-flow speed which was
considered in the previous chapter, when the condenser was dimensioned and designed. A real
scenario with transient power loads was implemented in LabVIEW, being the temporal evolution of
a number of quantities monitored, following a custom made training benchmark adapted from Isci

and Martonosi [90].
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Figure 5.5: Power loads adapted from Isci and Martonosi benchmark. [90].
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Hence, the applied cyclic heat load profiles shown in figure 5.5, named here as &M power input
and &M% power input, respectively, being the later with heat loads approximately 40% higher
were used to evaluate the reliability of the cooler system. Temperature and pressure values are

monitored for 140 seconds, being each test repeated three times.

The experimental procedure detailed above is performed for both tested condensers, in reflux and

circulation modes.

5.3 Measurement Uncertainties

The main quantities which are measured within a certain uncertainty in the present work are pres-
sure, temperature and the heat load. The pressure and temperature measure uncertainties are given
by the transducer uncertainty, which is added to the analog to digital signal converter uncertainty. In
the heat load control, the uncertainty is due to the voltage readings from the power source to the DA
converter and from the AD to the the power control circuit. The uncertainties are summarized in Table

5.1.

Table 5.1: Uncertainty data for featured instruments.

Pressure Temperature Heat load

Transmitter DAQ Thermocouple  DAQ Al AO*

u 0.5% 7.73mV +1K +0.1K  7.73mV  7mV

" Al - Analog input; AO - Analog output.

The uncertainty in the temperature measurements is assessed according to Abernethy et al. [91].
The heat load uncertainty is not represented in the plots for the sake of readability and ease of under-

standing. For instance, in the boiling curves, the wall superheat error is estimated according to:

Errorar, = \/2U2 + (207)% + (20754at)? (5.1)
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6. Results and Discussion

The current chapter presents the results obtained through different experimental working conditions
and equipment as well as a discussion on these data. First, in sub-chapter 6.1, the experimental working
conditions were carefully detailed in steady-state. Next, in sections 6.2 and 6.3, after results validation,
an extensive analysis is performed on horizontal, vertical surface orientation and also on the perfor-
mance of the condenser. A comparison between the two devised facilities (horizontally and vertically
oriented systems) were performed in booth studies (steady and transient).

Following this analysis, conclusions are drawn taking into account the cooler optimization and future

implementation in real desktop CPU.

6.1 Working Conditions

This first sub-chapter intends to characterize the steady-state working conditions from the tempera-
ture distribution along the loop, governing pressure and also start-up behavior of the two-phase closed
loop thermosyphon. For this purpose, the results presented and discussed in the next paragraphs were

obtained using the following configuration:

e smooth non-structured copper surface;
e Evaporator with 32mm inner diameter and 40mm height;
e 30ml HFE-7000 fill charge;

e single-pass condenser in circulation mode with tilt angle of 30° (downward).

This configuration was carefully chosen, taking into account the setup and proof-of-concept prototype
previously devised by Moura [28]. The condenser was positioned with a -30° tilt angle in order to
enhance hydraulic drainage of the liquid film condensed, as suggested by Lip and Meyer [44,45] (more
information in 2.3). A Cooler Master JetFlo 120 fan was coupled to the condenser promoting the forced
air-flow convection. Point out that the facility was designed and assembled as described in the previous
chapter 5.

The initial governing pressure is set as the saturation pressure at ambient temperature, which was
typically around 22+1°C. The measured pressure could never match exactly the vapour pressure value
predicted by equation 4.1, even after the degassing process. However measured values were at most

20mbar higher than the predicted one, resulting in a maximum increase of liquid saturation temperature
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of 0.8°C, which is considered acceptable, as it is within the uncertainty range of the measurements.
With the increase of the heat load, the vaporization mass flow rate tends to increase, being unbalanced
by the mass flow rate that is condensed. A way to improve condensation is therefore required to avoid
this unbalancing, the system search for a way to improve the condensation. There are two alternatives,
namely by spontaneously increasing the governing pressure within the closed loop - Real Working Con-
ditions (RWC) - or forcing the raising of condensation rate by increasing fan RPMs - Controlled Working
Conditions (CWC).

It is worth noting that along this work, the CWC was exclusively used for steady-state analysis. This
condition was implemented for scientific purposes, in order to compare the experimental data obtained
here with those reported in the literature, which are mostly obtained under controlled pressure condi-
tions. The RWC was implemented only for transient-state analysis due to the implemented controller’s
insufficient response time to control the inner system pressure in a real CPU heat load demand. Thus,
in transient analysis, the experiments were performed under RWC, simulating as much as possible what

would occur if it were implemented in a real CPU.

6.1.1 Real Working Conditions - RWC

Under these conditions, the fan is set to run at constant speed, more precisely at 3m/s air-flow speed
independently of the heat rate. Increasing the heat load, the vaporization rate tends to be higher than
the condensate rate, unbalancing the mass flow rate in the evaporator and consequently increasing the

saturation temperature.
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Figure 6.1: Steady-state temperature and pressure measurements along the loop at real working conditions.
It is important to note that, with higher working pressures, the condensation HTC tends to be slightly
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enhanced. For this reason, a new equilibrium state with higher governing pressure within the closed loop
is reached. Therefore, for the same ambient temperature and constant fan velocity, the liquid saturation
temperature increases with increasing heat load, as well as all the temperatures measured along the
loop. This trend is clearly observed in figure 6.1. One should stress the pressure-temperature direct
relation that is evident between the saturation temperature and working pressure, as represented by
the green and blue lines respectively, which confirms the saturation curve provided by the manufacturer,
equation 4.1.

6.1.2 Controlled Working Conditions - CWC

At controlled pressure conditions, the fan speed depends on the input heat load. A PID controller was
implemented in LabVIEW, to keep the evaporator inner pressure as constant as possible. Under these
working conditions, the initial pressure set-point was carefully chosen taking into account several consid-
erations. In fact, low pressure values lead to lower saturation temperature, which negatively affects the
system for higher heat loads, causing an excessive presence of vapour phase in the evaporator and re-
ducing the CHF value. The opposite effect occurs at higher pressure values. Hence, taking into account
the demanding heat load range and in order to avoid the CHF, the pressure set-point was 1005mbar,

very close to atmospheric pressure as proposed by Abreu [33]. Figure 6.2, shows the loop temperatures
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Figure 6.2: Steady-state temperature and pressure measurements along the loop at controlled conditions.

and governing pressure, as a function of heat load input for this specific working conditions. The plot
shows that the pressure was reasonably maintained constant above 20W, as observed by the trend of

the Ts.: green line. Within this range, the inner pressure was maintained within a maximum deviation
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of 15mbar from the set-point and the corresponding saturation temperature was kept at 34.2°C with a

standard deviation of 0.3°C.

6.1.3 Thermodynamic Loop Characterization

It is important to understand the system’s thermodynamic cycle along the closed loop, in order to im-
prove its efficiency. However due to an insufficient number of sensors required to acquire pressure and
temperature data along the loop, the thermodynamic cycle is mostly analyzed qualitatively. Therefore,
the following images represent the p-h phase diagram of the working fluid HFE-7000 in order to under-
stand better its behavior along the closed loop. Note that, the saturation temperature and the isentropic

lines are additionally illustrated in figure 6.3.
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Figure 6.3: Thermodynamic phase diagram (p-h) for HFE-7000. a) Overall p-h diagram. b) Refrigerant loop under
real working conditions at 170W.

The diagram shown in figure 6.3, presents the predicted detailed evolution of the two-phase ther-
mosyphon closed loop at the maximum imposed heat load (170W), using the smooth surface on the
evaporator. Here, the circles correspond to data points at the evaporator and the squares are associated
to the condenser. The top horizontal red line, represents the saturation temperature in the evaporator,
while the under horizontal red line expresses the saturation temperature in the condenser. At the evapo-
rator outlet, the vapour quality is assumed to be lower than 1 due to the visible presence of vapour-liquid
mixture arising from the pool boiling evaporator. Furthermore, temperature and pressure values at the
evaporator outlet are lightly lower than the saturated one, due to the sudden contraction, 7:2 area-ratio,
from the evaporator to the exit channel. This contraction causes a pressure drop, generating an ex-
pansion process with a sensible temperature drop. Between the evaporator outlet and the condenser
inlet, pressure and temperature drops are predicted to occur due to friction and thermal losses along
the connection pipe, influenced by the pipe curvature. In the condenser, the fluid tends to be gradually

condensed at constant pressure, until reaching the liquid saturated line. This is caused by the geometry
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of the gravity assisted condenser, in which stratified flow with thin liquid film falling attached to the bot-
tom wall of the tubes is drained due to the hydraulic gradient imposed. In the stratified regime, pressure
losses are negligible owing to the quiescent vapour condition assumed inside the condenser. When the
fluid reaches the sub-cooled region, the pressure tends to slightly increase due to the ascending fluid
head along the tilted condenser. Note that the position of the condenser outlet point is influenced by
the condenser’s inclination since it influences the flow regime, the heat exchange and also the pressure
head. In practice, it is also expected that the condenser outlet presents lower temperature than the
values read at the inlet, which means that some sensible heat was removed from the system to the
ambient by the heat exchanger. In summary, at the condenser outlet a sub-cooled state is presented
With Teond,,, < Teond;, s Peond,,, > Peonds,- DOWnstream of the condenser, the gravitational-type pres-
sure head impels the coolant into the evaporator inlet, reaching the maximum pressure at the evaporator
inlet point. The presented results are in reasonable agreement with other studies reported by Chang et
al. [92] and Zhang et al. [93].

To complete the general overview of the thermodynamic properties characterization along the loop
and as function of heat load, the liquid level inside the evaporator is also worth to mention. The mass
flow rate increases with increasing power. Friction losses consequently increase, which results in a
corresponding liquid height decrease in the evaporator. This trend in the liquid level ratio with the heat
loads is obvious and must be taken into account for an adequate design process, to avoid surface dry-
out at high power loads. For example, at the same heat flux, under higher governing pressures, the

boiling temperature increases, so the liquid level will reduce less.

6.2 Experimental Facility Under Controlled Working Conditions -
Steady-State

The current section covers the outcomes of the steady-state study performed on the experimental fa-
cility (horizontal and vertical oriented) under CWC as described before in 6.1.2. The results discussed in
this sub-section were obtained under controlled saturation temperature values. Under these conditions
the results are independent from ambient temperature fluctuations and the comparative study performed
at the condenser, evaporator and at the overall system efficiency are more conclusive. Limiting oper-
ational boundaries are defined according to their CHF and the thermal performance is characterized
based on HTC, as well as on the absolute thermal resistance. In the final sub-chapter, a heat transfer
analysis is performed on the condenser, focusing on the overall cooling system improvement, evaluated
by the heat exchanger’s effectiveness, . In order to perform an accurate and equitable experimental
study, the evaporator pressure was kept constant throughout experiments, despite the challenges to

overcome the control of pressure.
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6.2.1 Horizontal Surface Orientation Setup

In the horizontal surface orientation setup, an experimental validation was firstly performed, keep-
ing the same facility configuration as detailed in the previous chapter, in order to proof the functionality
and repeatability of the devised thermosyphon system. Such analysis provided sufficient experimental
results to validate the experimental setup and methodology based on the comparison with relevant re-
sults reported in the literature, obtained under comparable conditions. After this validation, a systematic
characterization was performed to evaluate the cooling behaviour of the devised system, mostly related
with the design and configuration of the condenser. This analysis includes changing the microstructured
surface which is mounted on the evaporator, as it is known, from previous studies, to strongly affect the
overall performance of the system. Hence, the performance of the designed condenser was analyzed
including this major influence. Finally, the thermal resistance of the overall system is evaluated, to derive
conclusions on the performance of the condenser, based on a quantity that is commonly used in studies

addressing electronics cooling.

Validation of Pool Boiling Setup

The results obtained in the present study, with the initial configuration presented in section 6.1, were
compared to those obtained by [28] and [33], under similar working conditions, for validation purposes.
It is worth mentioning that all the plots named as pool boiling curves shouldn’t be fully addressed with
the real term of boiling curve because the superheat was taken using the junction temperature, which is
more representative in this specific study than the surface temperature. Similar procedure was followed

by [28] and [33]. Moreover, the pressure was not strictly constant as defined by Nukiyama [52].
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Figure 6.4: Proof of concept - experimental results validation for smooth surface [Horizontal].
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The pool boiling curves represented by triangle blue lines in figure 6.4, were obtained increasing and
decreasing the heat flux, to observe the possible occurrence of hysteresis. The plot shows a minimum
discrepancy due to the hysteresis phenomenon, which is associated to the activation of the nucleation
sites. All the subsequent boiling curves will be obtained solely by decreasing the heat flux. The results
show that the heat flux curves follow the trend of a typical boiling curve. The aforementioned results are
also in good agreement with those reported in [28] (square black line in figure 6.4) and in [33] (circles
with red line), even though the working conditions could not be all exactly matched. Hence, different
boiling regimes can be distinguished in the figure, namely natural convection followed by nucleate pool
boiling. Around the 55°C superheat, 24 W /cm? heat flux region, a CHF condition was attained and the

system was shut down to avoid burnout.

Effect of Micro-structuring the Surface in the Evaporator

As aforementioned, the effect of micro-structuring the surface is addressed in the present study,
being discussed in this sub-section. The results are always discussed with the scope of improving the
cooler performance, namely focusing on the possible effect/relation of the various parameters with the
performance of the condenser. The methodology adopted in this set of experiments consists on starting
every experiment at maximum power, thus maximizing nucleation sites activation and decrease step by
step the imposed heat power, until turning off the power source.

The boiling curves obtained on the horizontal setup, for different microstructured surfaces are de-
picted in figure 6.5. Each curve is averaged from 5 data sets, for each surface, being the uncertainty

calculated as previously described, in chapter 5.3.

Heat flux, q" [W/cmz]

60

[°C]

Wall superheat, TJ_-T

sat

Figure 6.5: Boiling Curves under controlled conditions [Horizontal].
The boiling curves depicted in this figure show an obvious heat transfer improvement as the cavity
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distance, S is reduced: the lowest cavity distance of 100um leads to the lowest superheat temperature
value, for the same imposed heat flux. Also, for this enhanced surface, it was possible to scope higher
heat flux values without reaching the CHF.

The heat transfer coefficient ratio, in figure 6.6, shows the HTC relative to a smooth surface, for
different microstructured surfaces. These values were plotted as a function of the imposed heat flux
load, a common procedure followed in studies reported in the literature, e.g. [29]. Here, the error bars
are the experimental standard deviation of consecutive measurements. From the figure one can infer a
general trend depending on the boiling regime. Hence, as the imposed heat flux load is increased, within
the regimes of natural convection and nucleate boiling with isolated bubbles regimes, the heat transfer
coefficient ratio tends to increase. On the other hand, in the the nucleate boiling in the jets and columns
regime, the HTC is reduced for increasing of heat fluxes, as interaction phenomena tend to promote the

formation of vapour blankets and endorse the occurrence of the CHF.
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Figure 6.6: HTC ratio under controlled conditions [Horizontal]. Error bars indicate the average standard deviation.

Following this analysis, the experimental data acquired under controlled pressure was used to de-
termine the average boiling heat transfer coefficient for the microstructured surfaces, h,,. The relative
increment in the heat transfer coefficient compared to that obtained with the smooth surface, %smooth;
was plotted in figure 6.7. The HTC ratio values plotted as a function of the distance between cavities,
S, were also compared with the data obtained by Moura [28] and by Moita et al. [29, 31], whose studies
were performed for the same working fluid. However, between these studies, several experimental con-
ditions were different, namely the surface material, the working pressure and also the depth, shape and
size of cavities. Even so, a qualitative comparison concerning the effect of cavity distance in the relative
enhancement of pool HTC versus cavity distance is illustrated in figure 6.7.

The present data set follows the same trend as those of Moura [28] and of Moita et al. [29, 31],
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Figure 6.7: Average HTC ratio along cavity distance under controlled conditions. Error bars indicate the average
standard deviation.

thus qualitatively confirming the role of the distance between cavities in the enhancement of boiling
heat transfer. Disparities between the present study and the other results should be associated to the
different experimental conditions, as aforementioned. Moreover, one should point out that the condenser
is in circulation mode, in the present study, which also affects the boiling performance. The results show
a clear HTC enhancement for lower cavity distances. However, care should be taken, as this trend is
not monotonic. Moita et al. [31] and Valente et al. [94] studied this topic, proving that shortening the
distance between nucleation doesn’t imply an HTC enhancement, being even possible to reduce the
HTC. Hence, the distance between cavities must be a counterbalance between the positive effect of
promoting the activation of nucleation sites with the negative effect of excessive interaction between
them (bubbles coalescence). Such effect however, is not present up to the smallest distance between

cavities that could be tested in the present study.

Overall Thermal Resistance of the Thermosyphon

The loop thermosyphon’s overall thermal resistance (junction-to-ambient), R, is the sum of each
component thermal resistance, more properly the solid heat conduction, the contact resistance and es-
pecially the boiling and condensation equivalent thermal resistances, Rcyqp, and Reonq respectively. The
following figure 6.8 displays the relevant thermal resistance variables in a logarithmic scale, character-
izing the thermosyphon loop performance with a smooth surface and optimized microstructured surface
(S =100um), black and blue colours respectively on the graphic.

The overall thermal resistance, circle points on the graphic R;,s, decreases significantly with in-
creasing heat power. The lowest R, values were reached at maximum heat loads, namely 0.361K/W
for the smooth surface and 0.276K/W for the microstructured surface. As aforementioned, the micro-

structuring enhances the boiling heat transfer in the evaporator, reducing the evaporator thermal re-
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Figure 6.8: Thermosyphon loop’s thermal resistances under controlled conditions with different surface topography
[Horizontal].

sistance and consequently decreasing the overall resistance. Under maximum heat load demand, the
junction temperature is nearly 15°C lower using the microstructured surface with S =100um, when com-
pared to that obtained using the smooth surface. This temperature difference results in approximately
23% lower overall thermal resistance for the microstructured surface, when compared to that obtained
with the smooth surface. This percentage tends to increase for lower heat rates, because the HTC mi-
crostructured enhancement is greater for low heat fluxes, where there is no bubbles coalescence. On
the other hand, as expected, the condenser thermal resistance (triangle points) was not affected by the

micro-structuring effect.

6.2.2 Vertical Surface Orientation Setup

The systematic characterization of the system, performed on the horizontally oriented facility was
repeated as the facility was set in the vertical orientation. The exhaustive description of such results is
not provided here, so that only the results obtained for the smooth and microstructured surface with S =
100pum are presented here, for comparative purposes. These results were obtained under controlled

pressure conditions.

Vertical vs Horizontal: Effect of Micro-structuring the Surfaces in the Evaporator

The adapted boiling curves under controlled conditions, obtained on the vertical setup (smooth and
S = 100um) are compared with those previously discussed, which were obtained for the horizontal

orientation. The effect of surface orientation on boiling performance depends on the type of surface
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as observed in figure 6.9. For the smooth surface, the data obtained here is in good agreement with
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Figure 6.9: Boiling curve for different surface orientations under controlled conditions [Horizontal and Vertical].

the theory referenced in sub-chapter 2.3. Hence, for a certain value of wall superheat, more precisely
AT lower than 25°C, the vertical setup (green triangles), presents higher heat fluxes when compared
with the horizontally oriented setup (black squares data). For low wall superheat values, the vertical
surface boiling heat flux is improved because the fluid mixing in the boundary layer, originated by the
rising bubbles, promotes the increasing of the HTC. It is worth mentioning that, in this context, the
microstructured surface does not lead to enhanced boiling performance when compared with the hori-
zontal setup. This may be due to excessive vapor accumulation near the surface, which is promoted by
the micro-structures, being lessened on the smooth surface. So, one can conclude that the impact of
the inclination or orientation of the setup on the HTC depends on the characteristics of the surface that
is mounted on the evaporator.

It is notorious for both curves that the CHF was reduced for the vertical oriented surface. Beyond that,
with the vertical setup implementation, the upper part of the contact surface tends not to be completely
covered by the liquid, as the heat flux increases, leading to the reduction of HTC. This phenomenon, in
turn is associated to the liquid level ratio reduction which occurs as the heat load increases, as discussed
in the previous sub-sections. Thus, a surface dry-out situation is easily reached when the cooling system
is at the vertical orientation. This is important to address in the design and mounting of the final system,
as most of the CPU’s are nowadays mounted and prepared to work in the vertical position.

The overall thermal resistance and the evaporator resistance (represented by circle and square
points respectively) depict the same trend whether the system is in the horizontal or in the vertical orien-
tation (figures 6.10), although the overall thermal resistance is lower for lower heat loads and higher for

large heat loads when the setup is at the vertical position, due to the vapour accumulation already dis-
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Figure 6.10: Cooler performance for different surface orientations under controlled conditions [Horizontal and Ver-

tical].

cussed in the previous paragraphs. Based on this analysis, the vertical thermosyphon system devised

here with condenser in circulation achieved R, = 0.337K/W for the maximum heat load of 170W.

On the other hand, the thermal resistance related to the condenser is lower in the vertical orienta-
tion, when compared to that evaluated in the horizontal orientation. However, such differences should
be attributed to different configuration elements which had to be included to position the cooling system
at the different orientations. As mentioned in chapter 5 an Y-shaped adapter was mounted at the evap-
orator outlet causing pressure losses and consequently small temperature drop that could reduces the

condenser absolute thermal resistance for the vertical setup.

6.2.3 Condenser

The condensation is detailed in this subsection where, the main focus is to evaluate the impact of
the design condenser in the overall cooling system improvement. The effect of orientation (inclining
the condenser at different angles) is firstly addressed, in both co-current and counter-current flow. This
analysis is followed by a comparative study between the flow modes and their impact on the cooler

system.

The HTC inside tubes, as already introduced in chapter 3, depends mainly on the mass flux and
vapour quality. Since it was not possible to determine precisely the mass flux or the vapor quality in the

system, the condenser was characterized taking into account the heat load input.
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Effect of Condenser Orientation - Tilt Angle

Looking now into the loop condenser, more precisely to the condensation inside tubes, the exper-
imental mean condensation heat transfer coefficient was deduced from the Newton’s Law of cooling
(equation 3.1). Where the heat flux is calculated from a thermal balance on the air side and divided
by the total surface area of the heat exchanger, Ag. The excess of temperature, AT, is referred to the
temperature difference between the refrigerant saturation temperatures, 7,: and average wall inner tem-
peratures, T,M- of the test section determined by Tw,i = Tw,(, + |¢Ry|- The saturation temperatures were
taken as the average between the measured inlet and outlet refrigerant temperature measurements in
the condenser.

Several correlations, as shown in sub-chapter 3.2.3 were used to validate the experimental data. The

experimental results are therefore confronted with the correlation in figure 6.11.
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Figure 6.11: Condensation heat transfer coefficient validation.

The figure shows considerable differences between the values obtained from the experimental mea-
surements and those predicted by different correlations. This discrepancy is expected since, as briefly
detailed in tables 3.1 and 3.2, these correlations were proposed for geometries, fluids and a wide va-
riety of other conditions, which do not exactly match those used in the present work. Moreover these
correlations depend on the vapour quality « and on fluid mass velocity G along the condenser tubes
that are roughly determined. The dot lines correspond to correlations devised for stratified flow while the
continuous lines are related to correlations developed for wavy flow (booth in stratified regime). The heat
transfer values predicted by Singh et al. [71] correlation produce a good resemblance with the experi-
mental data set, presenting a similar trend with the increase of heat load, thus, qualitatively confirming
the HTC inside the inclined flat tubes. These results suggest that the flow in the condenser studied in
the present work is wavy and not stratified, as initially predicted.

Concerning specifically the effect of the tilt angle, Lips and Meyer [44—46], as detailed in 2.3, sum-
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marily refer that the effect of inclination is more pronounced at low mass fluxes, low vapour qualities and
high saturation temperature. Depending on these parameters, Lips and Meyer experimentally evidenced
that there is an optimum inclination angle between -15° and -30° that leads to the highest heat trans-
fer coefficient. In the present configuration the tilt angle affects many variables such as the positioning
distance of the condenser relative to the evaporator (influencing the head pressure and also the pipe
friction losses), liquid and vapour flow in the plenum chambers, pressure drop and liquid residence time.

These parameters were never reported in the literature, as argued by Lips and Meyer [46].
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Figure 6.12: Tilt angle effect on HTC in circulation mode, for different heat loads under controlled conditions [Hori-
zontal].

Figure 6.12 depicts the tilt angle effect in terms of HTC ratio, in the steady-state, for the the entire
range of heat load tested in the present work. Despite the lower mass fluxes at low heat loads, the
effect of inclination is more pronounced at higher heat loads, which would not be entirely expected.
Nonetheless, it is necessary take into account that the mass fluxes in this system are very low when
compared to the mentioned studies in inclination effect. Besides that, increasing the heat load, the
mean vapour quality along the flat tubes of the condenser decreases due to the higher HTC and the
saturation temperature in the condenser slightly increases. These factors explain the more pronounced
inclination effect at higher heat loads. Therefore, these results show that the optimum tilt angle for the
system studied here is around 25° (downward). This was the tilt angle value that was implemented for
all the experiments with this condenser in circulation mode. These conclusions are in agreement with
most of the studies reported in the literature in this topic, suggesting that the impact of the tilt angle is

not much sensitive to differences in the channel geometry.

The alternative condenser tested, under reflux condensation, refers to the condensation process

that occurs in a vertical or an inclined tube in which vapour is flowing upward driven by buoyancy forces,
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while liquid is flowing downward due to gravity. This gravity-controlled condensation process has been
increasingly applied to compact plate heat exchangers, such as the case of the one used in present
work. The reviewed literature refers that this configuration has several benefits when compared with
the single-pass condenser. First of all, in the context of the present case application, this configuration
would result in a more compact geometry, because the liquid line could be suppressed. Also, liquid
residence time is also expected to decrease, as the first droplets of condensed liquid could leave the
condenser in a shorter period of time and with less sub-cooling. Although larger sub-cooling is not con-
sidered an adverse effect, it should be avoided, since the sensitive heat transfer term is much lower,
when compared to the vaporization heat transfer. In this context, the system devised in the present
work, accounted for the possibility of using a reflux condenser configuration. However, the operability of
reflux condensers is limited by the phenomenon of flooding that appears at a critical vapour velocity at
which the condensate starts to flow upward rather than downward. Flooding deteriorates the normal op-
eration of the multiphase systems, which inevitably results in an abrupt increase of pressure drop (more
information in 2.2). Among the numerous observations, the obtained data by different authors remain
significantly scattered and contradictions in the data still persist due to the complicated nature of the flow
subject to the effects of liquid viscosity, tube length and slug position. In the present configuration, it was
concluded that the condenser inclination has low impact on the HTC enhancement. For this reason, the
selected angle, 40°, was chosen taking into account the performed studies in this topic.

In summary, the condenser inclination angles used on the next experimental tests was 25° (down-

ward) for circulation and 40° (upward) for reflux mode.
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Figure 6.13: Condenser performance at steady-state [Horizontal].

The setup was not exactly arranged in the same way for the two condenser’s flow, as described in the
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previous chapter 5.1. Consequently the fan rotation speed imposed to control the evaporator pressure
was not necessarily the same, which interferes in the heat exchanger efficiency. Therefore, in order to
compare and evaluate the performance of the different condenser’s flow configurations, without taking
into account the air-flow speed, the effectiveness was determined and used to evaluate the condenser’s
performance. In this context, figure 6.13 depicts the heat exchanger performance along the applied
heat load. Here, the condenser’s performance is evaluated looking at its effectiveness and at its final
impact on the boiling curve and thermal resistance (figure 6.14) for both reflux and single-pass flow
configurations. Overall, the results support that the single-pass condenser in circulation mode has better

effectiveness values and for this reason better performance results for all the applied heat load’s range.
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Figure 6.14: System thermal performance for different condensers (Reflux and Circulation) under steady and con-
trolled conditions [Horizontal].

Furthermore, analyzing all the results one must conclude that despite all the potential advantages of
using the reflux configuration, for the system devised here the condensation in circulation mode is pre-
ferred in steady-state working conditions as it overall shows better effectiveness for similar heat flux and
thermal resistance, when compared to the reflux configuration. The overall thermal resistance for the
maximum achievable dissipated power is R,,s = 0.275K/W for the circulation and R,,, = 0.303K/W
with condenser in reflux mode, for ¢ = 200W and ¢ = 170W respectively. This means that under station-
ary conditions, the closed loop thermosyphon presents 7.5% lower mean absolute thermal resistance
than with condensation in reflux mode, resulting in a mean junction-air temperature reduction of 4°C for
a heat load of 170W.
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6.3 Experimental Facility Under Real Working Conditions -

Transient-State

The current section covers the outcomes of the transient study performed, which is more representa-
tive from the conditions occurring in real CPUs. Hence, this part of the work was performed to evaluate
the transient system response to a heat load input. A real scenario, named as &M transient power load
was implemented, as detailed before in 5.2.3. The experimental facility was tested in horizontal and ver-
tical orientations, under this load at real working conditions as described in 6.1.1. In this section all the
experimental data was obtained with the smooth and optimized mircro-structured surfaces (S = 100um)
and the condenser was positioned in the respective optimized inclination (-25° for circulation condenser

and 40° for the reflux condenser).

Validation of the Results at the Transient-State

The time-temperature and time-pressure values of the thermosyphon system were recorded. Specif-
ically, saturation temperature T, junction temperature T}, external ambient air temperature 7., and
the thermosyphon pressure in the evaporator p.,., Were the quantities monitored. The transient re-
sponse of the system, with the condenser in reflux mode is depicted in figure 6.15, which shows the
thermal and pressure response to a cycle of sudden power loads, which, as explained in chapter 5,
represents a benchmark of a real CPU, based on that reported by Isci and Martonosi [90]. These re-
sults are compared with those reported by [33], under similar working conditions (exception made to the

setup orientation, as [33] used the setup vertically oriented). The variations detected in the ambient air
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Figure 6.15: Transient experimental results validation with reflux condenser [Horizontal].
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temperature are negligible (< 0.5°C), so they are not shown here, for the sake of clarity of the plot. [33]
reported that the critical design parameter could be the settled (steady-state) temperature or the onset
of nucleate boiling, depending on the surface and power step input. These conclusions are corroborated
in the present work, although in the present case, for the optimized surface, S = 100um, the power step
of 10W is enough to reach the nucleate boiling region, so that there is no onset of boiling, as illustrated
in figure 6.15.

Figure 6.15 evidences that due to smaller saturation pressures a lower boiling temperature is reached,
so for the same applied power input, the nucleate boiling onset occurs earlier in time and for lower value
of imposed heat load, showing a smother progression from the natural convection regime. In fact, for the
100um surface, the nucleation sites become active right at the initial steady-state at initial 10W imposed
heat load. Thus, in the present study, junction temperature is smoothly increased and stabilized instead
of sharply reducing after an instantaneous onset of boiling as observed in [33]. Furthermore, a better
performance was obtained, with lower pressure values and lower temperatures, resulting in 10% junction
temperature enhancement. In the present scenario the system would safely perform throughout all the

cycle’s time span, since the maximum temperature, achieved at around 115s, was 48.7°C.

Circulation vs Reflux

In this sub-section the condenser’s impact on the transient thermosyphon system is investigated.

Figure 6.16 allow taking useful conclusions to be used on the CPU cooling product development. The
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Figure 6.16: Thermal and pressure transient response for different condensers (Reflux and Circulation) [Horizon-
tal].

results, discussed in detail in the following paragraphs allowed concluding that the setup with condenser
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in circulation mode depicts quicker response time than that with reflux condensation, as shown on the
plot by the steeper junction temperature response as well on pressure curves.

Despite the reflux mode’s facility used 2 pipes instead of just one as in the circulation flow, an increase
in the condensate mass flow was expected, which could cool down the working fluid temperature, de-
creasing the evaporator pressure and enhancing the overall cooler performance. However the pressure
and temperature reduction are almost negligible as a minimal 10mbar and 0.5°C decreasing of pressure
and saturation temperature were observed, respectively. By the system response evolution previously
discussed, it was possible to predict that the CLTPT system with condenser in circulation mode has bet-
ter efficiency than CTPT with condenser in reflux mode. To confirm this prediction, an evaluation focused
only on the condenser transient analysis was performed, where the instantaneous effectiveness values

were calculated, as depicted in figure 6.17.
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Figure 6.17: Condenser effectiveness at transient-state [Horizontal].

The condenser in reflux mode shows indeed lower effectiveness values than the circulation mode,
which is in agreement with the analysis performed at steady-state. It is worth mentioning that the differ-
ence in the effectiveness in the circulation or in the reflux mode is much less prominent in the transient-
state than in steady-state conditions. As also concluded in the steady-state study, it was also noticeable
that in counter-current (reflux) flow condensation, the flow is much more unstable due to the vapour and
liquid flow passage in the same tubes, promoting more fluctuations. This fact is well visible in figure 6.17
by the condenser’s effectiveness fluctuations, being also observed on the junction temperature, when
the frequency is high enough (not in the presented graphics due to representation reasons). These

conclusions are in agreement with many of the studies [23, 24].
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Another cyclic power input, represented by dot black line in figure 6.18, with approximately 40%
higher loads, was applied to evaluate the reliability of the thermosyphon system response to more de-
manding loads. The condenser was placed in circulation flow mode, since it is the configuration that
presents better results as explained before based on experimental results. The system evaluation per-
formed on the maximum demanding point at 115s, resulted on an increase of 19% in junction tempera-

tures and 5% in pressure.
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Figure 6.18: Thermal and pressure transient response for an higher cyclic heat load with circulation condenser
[Horizontal].

In the present high demand heat loads scenario, the maximum temperature, achieved with the current
cooling system configuration, at around 115s, was lower than 60°C as visible in figure 6.18, meaning
that the system would perform safely. The design parameter that CPU manufacturers provide for cooling
systems design is the Thermal Design Power, TDP, which is the maximum heat load generated by
the CPU that the cooling system is designed to dissipate in typical operation conditions. Boiling onset
and steady-state temperatures in a power step from 0 W to TDP should then stay below the maximum

allowed temperatures.

Vertical Surface Orientation Setup

Temperature and pressure time response obtained on the vertical setup, with the microstructured
surface S =100um are presented in figure 6.19. Here, under real working conditions, as explained be-
fore (fan is rotating at constant RPM), both setup orientations are compared with the condenser working
in circulation mode. Contrary to what occurred with the setup at horizontal orientation, where the pres-

sure reached in the evaporator under RWC was lower than atmospheric, in this case the vertical setup
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tends to work at higher pressure values which prejudice the system performance. This discrepancy can

be due to several reasons detailed next.
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Figure 6.19: Thermal and pressure transient response for circulation condenser [Horizontal vs Vertical].

As visible in the steady-state for the vertical setup, the noticeable reduction of the liquid free height
ratio affects much more the boiling heat transfer on the vertical setup. This liquid level ratio decreases
with the increasing of heat load, arising to the surface dry-out that increases drastically the inner pres-
sure. This parameter must be taken into account for an adequate design process to avoid the surface

dry-out. An alternative to try to avoid this problem can be decrease the evaporator height, reducing the
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Figure 6.20: Thermal and pressure transient response with shortening evaporator volume [Vertical].
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evaporator volume, so that the liquid fills the entire surface to a wider power range. In this context, the
evaporator in the vertical orientation was shortened, reduced to 20mm of height, decreasing the dry-out
probability and trying to reduce the governing pressure. This change was made for this vertical ori-
ented setup, focusing on the cooler performance improvement. The obtained results are shown in figure
6.20, where the T'@Q are the temperature data obtained with the new cooler configuration. However, it
is necessary take into account that for lower working fluid charge, lower is the overall cooling system
performance (CHF as well as HTC could be affected).

On the other hand, the configuration differences on the vertical oriented surface setup, such as the
smaller differences in heights between condenser inlet and evaporator outlet could affect the thermody-
namic closed cycle. In the setup with vertical surface, it was necessary to make some changes in the
configuration (detailed in 5.1), so that the steam and condensate flows naturally and fluently. All these

modifications appears to affect the vertical oriented surface thermal and hydraulic performance.
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Figure 6.21: Condenser effectiveness in circulation mode at transient-state [Horizontal and Vertical].

Finally, as performed for the horizontal setup, the condenser performance was evaluated and pre-
sented in figure 6.21. The condenser effectiveness is naturally affected by the increase of the saturation
temperature and consequently higher temperatures are reached at the inlet condenser plenum chamber.
Beyond that, the compactness achieved with this setup also increases slightly the inlet air temperature
that crosses the louvered fins of the condenser. The results show that the vertical orientation configu-
ration system does not present good results and therefore the reflux condenser has not been tested for

this orientation.
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7. Conclusions and Future Work

7.1 Conclusions

The present work addresses the design and test of a custom made condenser to be implemented
in a closed two-phase thermosyphon, which should be able to dissipate heat loads up to 250W. The
work comprises a numerical approach to define the design of the condenser, its main characteristics,
dimensions and set of the most relevant geometric and working parameters. The outcome of this ap-
proach was a louvered fins and flat tubes plate fin heat exchanger with a core’s size of 110x120x22mm,
which was possible to build, under the current limitations pointed by the manufacturers. However, the
analysis performed on the relevant parameters affecting the heat transfer and fluid dynamic processes
in the condenser suggests that the condenser’s transversal area could be reduced up to 12%.

An appropriate benchmark experimental facility was used to evaluate the condenser’s effectiveness
and its real impact on the performance of the cooling system that is being devised. The benchmark
simulates the CPU thermal dissipation under steady-state and transient conditions allowing a detailed
study of the condenser and of the whole cooling system. The condenser was tested in both circulation
and reflux modes. The study performed here allowed setting the following main conclusions, towards

the development of a final functional cooling system:

¢ In steady-state working conditions, the inclination angle of the condenser in circulation mode was
found to affect the system performance, namely affecting the heat flux and the heat transfer co-
efficient. An optimum value of 25° downward was obtained for the inclination angle when the
condenser was working in the circulation mode. The effect of the inclination angle was found

negligible for the condenser working in the reflux mode.

¢ In steady-state regime the condenser in circulation mode depicts better effectiveness than in the
reflux mode. In steady-state (under controlled pressure conditions), the circulation mode leads to
a maximum effectiveness which is 60% higher than that of the condenser in the reflux mode. In
the transient regime, the working mode of the condenser (circulation or reflux) has no impact on

the working performance of the cooling system.

e Under controlled pressure conditions (steady-state), the closed loop thermosyphon (circulation
mode) achieves a maximum power dissipation of 200W, while the closed reflux two-phase ter-
mosyphon reaches 170W maximum power dissipation. The mean absolute thermal resistance
with condenser in circulation mode is lower 7.5% than with condenser in reflux mode, resulting in

mean junction-air temperature reduction of 4°C for 170W.
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e Overall, the work performs here shows that a closed loop two-phase termosyphon with the con-
denser in circulation mode is more stable (i.e. the governing pressure and the junction temperature,
which represents the temperature of the processor, suffer less fluctuations, which is advantageous
in view of the future implementation in a commercial CPU) and leads to a better cooling perfor-

mance of the entire cooling system.

Based on this analysis, the final closed loop thermosyphon system devised here achieved a R =
0.275K /W with ¢ = 200W for horizontal orientation. These values were obtained using a microstruc-
tured surface with cavity distance of 100um in the evaporator, following the obtained in previous stages

of development of the current system, which were confirmed in the present work.

7.2 Future Work

A few upgrades are recommended to the experimental facility, which will allow a more detailed and
precise characterization of the cooling system under relevant working conditions. For instance, it would
be advantageous to add more temperature and pressure sensors, together with mass flow meters, to
have a more detailed description of the temperature and pressure variations, as well as to have a well
defined quantification of the mass flow rates through the system. In addition, heat transfer and pressure
drop characteristics along the air-side of the heat exchanger should be studied in a wind tunnel in order
to provide measurement of the air mass flow rate through the condenser.

The final results have shown that the condenser has to be further improved. On the air-side of the
extended surfaces it is promising to explore the potential use of delta-winglets vortex generators. The
use of louvers is a passive technique that causes high heat transfer enhancement with some drop pres-
sure penalty but vortex generators are recognized to provide heat transfer enhancement with relatively
small pressure drop penalty, even for high inlet velocities.

On the condensation-side, micro-fins tubes could be applied in the condenser in order to enhance
the condensation heat transfer coefficient. This requires a detailed study of the use of micro and nanos-
tructured surfaces in the condensation process, which is an interesting and relevant research topic, with
relevant outcomes for the specific application that is being studied here.

Regarding the overall cooler system, the fill ratio should be a parameter to be more closely studied
in both loop and single pipe two-phase systems. Furthermore, the next incoming step to be followed
comprises the assembly and long test running tests of the dimensioned two-phase loop thermosyphon

(including the improved custom made condenser) in a real desktop PC.
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Annexes

A.1. Transistor power control unit
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Figure 7.1: Heat load control circuit scheme.
A.2. Fan control unit
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Figure 7.2: RPM’s fan linear controller.
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A.3. Infrared Thermography

A non-intrusive method to directly measure the two-phase temperature on the different condensers
was performed, under the transient and steady-state regimes, with spatial and temporal resolved in-
frared thermography. Although the analysis performed at this stage is mainly qualitative, an adequate
calibration process was considered.

Heres, in figure 7.3, is shown the Infrared (IR) camera recording images of the temperature gradients
across the condenser for the transient-state. It is shown the condenser’s temperature for different flow
modes (circulation and reflux) at the same instant, when the thermal dissipation is maximum, corre-
sponding to 115th second of the cyclic 1&M load heat load input. This gives a quick snap shot of the

temperature range over the entire surface area for the two studied condensers.

Figure 7.3: Condenser IR thermography results under transient heat load at the same instant - 115s [Horizontal
oriented surface]. Reflux - left; Circulation - right.

With the IR analysis it was possible to check that the reflux condenser works under lower saturation
temperatures in the condenser. This is not necessarily an advantage from the heat transfer point of view

since, as aforementioned, lower working pressure results in lower boiling and condensation HTC values.
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